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Abstract
The refrected image in a motor vehicre side-view mirror can be distorted by

vibration, to the extent that it may become impossible to clearly see a reflected

object. The design parameters of a mirror (such as geometry, material and mass)

wiil have a direct effect upon the rever of vibration-induced distortion. The aim of

this thesis was therefore to use finite element modelling to show how changes in

the design parameters of the mirror affected by vibration-induced image distortion'

A design engineer would then be able to predict how proposed design changes

would affect vibration

rn order to deverop a method of confidenfly predicting the effect of design

parameter changes, a simple supported plate was initially analysed' The plate

was modelled with Finite Element Analysis (FEA) software, ANSYS' where a modal

analysis was performed to determine theoretical modal properties such as natural

frequency and associated mode shapes. A harmonic response analysis was also

performed to determine the Frequency Response Function (FRF) of the model'

To verify these results a modal analysis of a physical plate (with identical geometry'

material and constraint parameters) was performed and the results form this

experiment were compared to those that were determined by the model' The

experimentalset-upandtheparametersofthemodelwerethenbothrevieweduntil

therewasgoodcorrelationbetweenthemodelledresultsandtheresultsthatwere

obtained from the exPeriment'

once a modelling method that gave accurate predictions was established' the

same skill was applied to modelling the mirror system in two stages of increasing

complexity,toonceagainensureconfidenceinthefinaloverallresults.lnitially
just the mirror bracket was modelled to determine the boundary conditions in the

absence of any complexities that may arise with a complete assembly' such

complexitiesmayhavecloudedanyreasonsforpotentialuncorrelatedresults

between the model and the experiment. After achieving good correlation between

thenumericalresultsobtainedfromthemodetofthebracket,andtheresultsof

testing a physical bracket, a complete FE model of the mirror assembly was built'

since this was a combination of multiply parts, each with different material

I



Abs

properties, it was necessary concentrate on the simulation of the internal

connections within the assembly. The results were also verified through

experimental modal testing experiment'

By following this method of increasing model complexity and steadily increasing

confidence in the moder accuracy, it was possibre to evaruate the effect of design

parameter changes, such as increased dimensions or changes in the choice of

materials, with a high level of confidence. After the model was changed to reflect

aproposeddesignparameterchange,itwaspossibletoevaluatethesensitivityof

the frequency response characteristics with respect to the excitation characteristics

of the vehicle
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Chapter 1

lntroduction

1.1 Motivation and obiectives of the research

The side view mirrors of motorcars can vibrate to the extent that the reflected

image becomes difficult to see, which in itself is a significant safety issue' This

vibration can be generated by an idling engine while the vehicle is stationery' or

during motion due to the dynamics of travel (Kaesler and Stanef 2001)' The

driver,s rear vision can become severery compromised and the resulting distorting

images may make it impossible to determine what is to the rear or the side of the

vehicle'Traditionally,theScopeofvision,aerodynamicsandaesthetic
considerations are the primary side-view mirror design considerations' Because

of this, whether or not a mirror is sensitive to vibration is somewhat of a hit and miss

aff air (Schefenacker 2002)'

Toavoidthis,designengineersneedtoinvestigatethedynamicpropertiesofmirror

designs and of any proposed changes to design parameters of a side-view mirror

prototype. This process aims to produce a mirror system less sensitive to the

vibration,whichmayotherwiseaffectdriver'sperceptionofrearviewvision.

Design parameters of a side-view mirror include geometry, mass' and the choice of

materials and all will have a direct effect upon the damping and the level of the

vibration-induced distortion'

ln the literature that was reviewed for this project, several vehicle tests and modal

testing on side_view mirrors indicated that the high vibration rever of the mirror

occurred at frequencies below 50 Hz. From 50 to 70 Hz' a driver's vision can also

be adversely affected by vibration (wang 1999; Hwang et al' 2oo1; Kaesler and

Stanef2001)'Thisinvestigationisthereforelimitedtovibrationfrequenciesbelow

100H2.
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Chapter 1. Introduction

Different types of side,view mirror have already been modelled using a finite

element method (CADOE 1999; Hwang et al. 2001)' However' none of these

models have paid any attention to the dynamic characteristics of the glass mirror

plate under induced vibration or to the effect of various changes to the mirror

design parameters.

At the request of Schefenacker Vision Systems, the aim of this work is to use a

correlated finite element model of a schefenacker manufactured side-view mirror to

predict the vibration response of the mirror assembly under changes to its design

parameters for a frequency sensitivity analysis. To develop a method for

accurately observing or predicting design parameter changes, a simply supported

plate was initially modelled numerically and verified experimentally' where the

results of the model did not correlate with the results of the experiment' both

methods were reviewed until the reasons were understood' The modelling and

experimentation was then repeated until there was evidence of good correlation

between the model and the experiment. As the confidence in the methods for

modellingandexperimentingimproved,thelevelsofcomplexity(forthemodeland

the respective experiments) were steadily increased towards ultimately modelling a

complete mirror assembly that reflected the physical system as supplied by

schefenacker Vision systems. This incremental approach of increasing

complexity was implemented to ensure that any reasons for a lack of correlation

between the models and the experiment were clearly visible and understood so

that the causes could be eliminated prior to modelling the complex mirror assembly'

lf instead, a complete assembly were initially modelled and compared to the results

obtain in an experiment (without comparing simpler cases first), it would be difficult

to see if a lack of correlation were due to inaccuracies in the model geometry' or

due to a fairure to ensure that the boundary conditions of the experiment reflected

those of the model, or even whether the model and the physical system in the

experiment were being excited and measured in the same manner' lncrementally

increasing the comprexity of modeiling and the experimentar verification minimised

this potential confusion, by clearly identifying errors (whether in the modelling or the

experimentar procedure) and increased the rever of confidence in the prediction

accuracy of a final model' ln each case the frequency response functions (FRFs)

obtained from the model's Finite Element Analysis (FEA) were compared to FRFs

2



Chapter l. Introduction

acquired by means of experimental modal analysis on the physical system (on

which the model was based)

once a high level of confidence was achieved in the performance prediction

accuracy of a side-view mirror assembry moder, the urtimate objective of this study

could be realised, which was to observe the effect of changing the mirror design

parameters by manipulating and altering the model to reflect such design changes'

1.2 The finite element method

Finite Element Analysis (FEA) is a well established method for modelling systems

to predict their vibration response characteristics (Muller and schiehlen 1977)'

The basic theory of FEA is described in Appendix-A(Hutton 2003). Practical

problems in engineering are not always solvable by conventional analytical

methods, because of the complexity of many problems and the magnitude of the

computational demands that would be necessary' For simple structural problems

regarding regular shapes with limited degrees of freedom' it is practical to manually

manipulate mathematical equations in order to calculate the system motion within

an acceptable time frame. However, when dealing with a complicated system

with a combined irregular-shape structure, the mathematical solution will seem

impractical to achieve; hence, rapid computing techniques should be applied at this

stage with the numerical FEA codes'

Numerical approximation techniques such as the finite element analysis allow the

apprication of crassicar statics and dynamics theories to "finite erements" of a

complex system, which can each be combined to represent the entire system' in a

manner based on assumptions and the knowredge of the rerationships between

eachelement.Thetheoryofthefiniteelementanalysiswasestablishedalong

time ago, but without fast computing solutions it was not practical (Zienkiewicz

1967). ln 1967, the advent of powerful computer systems supported the

development of finite element analysis and has been applied in several engineering

fields since. During the late 1g60s, many general-purpose codes for Finite

a
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Chapter1. Introduction

Element Analysis (FEA) had been developed. one such example of a

commercially available code was ANSYS (Adams and Askenazi 1999)'

As previously mentioned, Finite Element Analysis (also referred to as Finite

Element Methods, FEM) is an analytical approach that divides a continuous system

into smarr regions (erements) with the points that rink them referred to as nodes.

ln the case of establishing a frequency response function curve (since FEM can be

applied to a number of problems which include statics and thermodynamics), each

node has defined degrees of freedom (DOF) and each element between these

nodes has local mass and stiffness, which can be applied to an equation of motion'

The FEA model can therefore express a system mathematically by matrices which

define all of the elemental masses, stiffness and equations of motion, from which a

solution for a frequency response function (eigenvector and eigenvalue) can be

determined (PetYt 1998).

As the finite element method simulates the motion for the entire system using finite

erements, it is possibre to improve the accuracy of the prediction by increasing the

element numbers or (in other words) by reducing the element sizes' On the other

hand, such treatment can greatly increase the computational time' Therefore' the

application of the FEM has coincided with the growth of computer technology'

Currently FEA software such as ANSYS, the FEA tool used in this project' has

powerful two-dimensional (2D) and three-dimensional (3D) computer-aid-design

(cAD) toolboxes embedded in the pre-processor, a variety of solvers (such as

linear statics, harmonic analysis and thermal analysis) and a strong post-processor

for viewing and manipulating the solution data' A comprehensive introduction and

explanation of the finite element method can be found in Zienkiewicz (1967)' Bathe

(1982) and Hughes (1987)'

1.3 Modal analYsis

Modal analysis is a computational technique (which may be applied to a model or

to experimentally derived data) to represent the dynamic properties of an elastic

4



Chapter I. Introduction

structure, by determining the eigenvalue (frequencies) and eigenvector (respective

mode shapes) of a system (Kashani 2000). lf there is no external excitation or

disturbance, and the structure vibrates naturally, the eigenvalue and eigenvector

become the 'natural' or 'normal' modes of the structure (Ewins 1984)' The

dynamic response of a structure can therefore be determined by superimposing its

natural modes of vibration. Thus by determining the system-equivalent mass, the

stiffness, and its damping, a cornplete dynamic description of the structure' in terms

of its of eigenvalue and corresponding eigenvectors, can be achieved (Hansen

1ee1).

Therefore, with the appropriate numerical algorithms in a FEM' the analytical modal

analysis, which aims to calculate the eigenvalue and eigenvector' can be

performed on complicated structures or machine devices with unusual geometry

(Auweraer 2001). The method for experimental modal analysis involves acquiring

aFrequencyResponseFunction(FRF)fromateststructure.lnthiskindof

experiment, which is also named as modal testing, a structure is excited with a

known input force and both the force and response on the structure are measured'

Experimental modal analysis is a system identification endeavour (He and Fu

2OO1). The excitation force can be random, sinusoidal, periodic or transient

(Ewins 1984). Because the degree in which the system is excited and the method

of manipulating each data set is different, it is important that when comparing an

experimentally acquired data to a model, the same excitation is used or

represented in each case'

1,4 SensitivitY analYsis

sensitivity analysis is the study of how sensitive a system response is to a

multitudeofpossibledesignparameterchanges.ltfocusesondesign
optimisation by way of suggesting what parameter should change and how' in

order to realise the ultimate design objectives. Design parameters may include

geometry, mass, stiffness or damping addition (Friswell and Mottershead 1995)' lt

is therefore apparent that it becomes difficult in the case of complicated structures'

whereseveraldesignparametersareunderconsiderationatsametime.While
5



ChapterL lntroduction

sensitivity analysis plays an important role in determining which part of the

structure should be modified for effective improvement (Yu et al' 1995)' by

providing an understanding of how the model response variables respond to

changes in the inputs (Tomovic 1963), it remains a non-trivial exercise'

parfly because of this, but mainly because of what dictates a mirror design' the

objective of this thesis is not to produce an optimised side-view rnirror design' but

to produce a model of a mirror, which is accurate enough to confidently observe the

effect of proposed design changes. The reason for a mirror design change will

most likely be due to aesthetic and perceived aerodynamic priorities' This study

therefore aims to produce an accurate moder in which the effect of any such design

changes,withrespecttovibrationinducedvisiondistortion'canbeassessed'

1.5 Scope

The scope or outline of the thesis is briefly summarised (chapter by chapter) in the

following ParagraPhs.

Chapter 1 introduces the problem and provides an overview of the method towards

achieving the aim of this studY'

A literature review, which focuses on the investigations on side-view mirror types'

mounting conditions and vibration related issues that affect driver's perception are

discussedinChapter2.Previousstudiesontheside-viewmirrorsystems,which

helped to determine the frequency range of interest in this project are introduced

and discussed. Appricabre riterature regarding the finite erement approach,

including the finite element analysis and the experimental modal analysis

verification, is also reviewed and discussed' A number of related case studies of

arear-viewsystemhavebeenspecifiedandreviewedindetail;thesestudies

investigatedthevibrationofaninternalrear-viewmirror,andtheuseofFEAmodel

ofside-viewmirrors.Fromreviewingtheseestablishedmodelsanddocumented

methods,severaluncertaintiesregardingthemodellingoftheside-viewmirrorin

6



Chapter I. Introduction

this project were sorved. The research gap or subject materialfor this study (while

also being at the request of schefenacker Visions systems) is also identified'

chapter 3 describes the procedure of building an FE model of a simply supported

rectangular plate using ANSYS, FEA software, in order to develop a reliable finite

element approach for the subsequent analysis of the mirror system and to

determine a proper experimental approach for verification. A modal analysis and

harmonic response in the ANSYS model were performed on the plate rnodel to

acquire the first few natural frequencies, related mode shapes and FRFs of a force

response. The experimental verification (modal testing) used an electromagnetic

shaker to determine the best method for experimentar data correration to a model'

A theoretical equation for the dynamic properties of a simply supported plate, such

as natural frequency and FRFs data, is also applied and solved to compare and

confirm both FEA predicted results and experimental results' The chapter

concludes that a shaker, in preference to the use of a hammer, produces results

that more closely reflect those of the model'

lnChapter4,thepropertiesofaside-viewmirror,whichisinvestigatedinthisthesis

are summarised. The physical properties from the manufacture and the tested

dynamic properties are given, including the mirror's style, equipped motorcar'

geometries, and material properties for each part. The dynamic properties contain

an FRF result measured on the surface of the mirror and an FRF result on the boss

of the bracket.

lnChapterStheissuesonmodellingthemountingbracketofthemirrorsystem,to

determine the proper boundary conditions of the mirror system' and to reduce the

uncertainties that may occur with a complete assembly, are discussed' The

results for natural frequencies between 0 to 800 Hz, mode shapes obtained by

modar anarysis in the ANSys moder, and experimentarverification process (using a

shaker excitation technique) are also discussed'

Chapter6discussestheFEmodelofthecompletemirrorassembly'Afinite
element analysis of the fully assembled model, mounted to a rigid support is shown'

and the modelling difficulties (which were primarily regarding the choice of

7



Chapter 1. Introduction

appropriate element types and an accurate representation of the mechanics of

assembly) elaborated uPon.

ln chapter 7 a discussion is shown regarding the reasons in favour of modifying the

dimension of the mirror. An analysis investigating the effect of the proposed

modification, with respect to the effect on the vibration characteristics of the mirror,

is also presented'

ln chapter g a summary of main achievements and conclusions of this thesis are

presented. several possible areas for extending the work discussed in this thesis

are also discussed.

I



Chapler 2
Literature Review

2.1 Background

2.1,1 Side,view mirror and the vibration

The side-view mirror is part of a rear-view system of a vehicle' Side-view mirrors

maybemanuallyadjusted;poweradjusted,heated,mayauto-dimandmay

automatically foldaway. Mirrors are sometimes upgraded (after market) and may

arso sometimes be repraced by cameras (wJJeeps.com 2004). The prototype

investigated in this work is a basic power adjusted side-view mirror, as supplied by

schefenacker Vision systems, the initiators of this study'

Research has shown that approximatery g0 per cent of the information required for

driving is visuar (sivak 1996). considering that whire the driver's head remains

stationary (as is normally the case), there is only 200 degrees for driver's eye

rotation atea,with the remaining 160 degrees of a vision (prior to head movement)

dependent upon rear view mirrors(Ming 2004)' lt has also been shown that the

rear vision of drivers is totally dependent on mirrors over an arc that extends

between 14.0 degrees outboard on the left and 19'8 degrees outboard on the right

in a left-hand driving vehicle (Reed et al. 2000)' Reed (et al) also has determined

that the mean horizontal mirror Field of View (FoV) widths are 12'9 and 22'5

degrees for the left (drive-side) and right mirror respectively' clearly' mirror

vibrations compound these limitations by blurring the mirror images.

Mirror vibrations fall into two categories: linear cyclic motion is more dominant at

low frequencies, and random motion, or jitter, at high frequencies (Holst 1998)'

The vibrations are mainry caused by the disturbance transferred from the body of

the vehicle, as well as by the effect of wind turbulence (especially at the neck of the

mirror). lt has been shown that the wind turbulence on the mirror case is a

9
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significant source for mirror vibration that then generates noise in the cab

(Murakami 2oo4). Kaesler and stanef (2001) have determined that the engine

idle and road surface texture are the main cause of the car body vibration' that in

turn generates vibrations in the mirrors'

The mirror vibration problem can be described as the rotational displacement about

three mutually perpendicular axes (Wang 1999; Kaesler and Stanef 2OO1)' where

'pitch', 'roll' and 'yaw' represent those movements respectively (Figure 2-1)' lt is

also apparent that the mirror can be subject to translation displacement in each of

the three planes, in the direction of these axes'

PÉqh

Rot

Tw

Figure 2-1:The axes of vibration
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2.1.2 Field tests on the side-view mirror

There are difficulties in measuring vibrational disturbances at the mirror assembly,

especially during actual driving conditions. lt is however practical to carry out

modal testing on a mirror surface, using two or more accelerometers attached to a

test vehicle travelling at a variety of speeds and on various road surfaces' wang

(1999) performed such field test of the side-view mirror on a volvo truck in sweden

at Volvo,s Proving ground. The first part of his work was to measure mirror motion

both horizontally and vertically when the vehicle was stationary, but the engine idle

speed was swept in their Volvo workshop. The second part was a field test

performed at five different speeds and related engine speeds on both |eft hand and

right hand side-view mirrors. The frequency range under measurement was from

0 to 50 Hz. Wang identified that the excitation of the dominant peaks mainly came

from high engine revolution speeds (over 1000 rpm)' when speeds reached 2000

rpm, the yaw displacements on both sides of the mirrors had very high amplitudes

in low frequency domain, which was possibly due to the rigid body movement of the

cab, in his estimation, and a matter that could not be resolved by simple mirror

design considerations. His second finding showed that engine speeds had a

significant influence on pitch displacements of the mirror around 30 Hz' Thus' a

conclusion was drawn from his discovery that the pure mirror vibration' induced by

engine input, could cause differing FRF between the left hand and right hand

side-view mirrors.

Kaesler and stanef (2001) also performed a field test on a P131 truck mirror for

their final year Bachelor of Engineering Honours project at the Mechanical

Engineering Department, The university of Adelaide' Their truck mirror was

obtained from Schefenacker Vision System, who also supplied the car mirrors for

thisproject.Theirtruckmirrortestwasdividedintoanindoorpartandanoutdoor

part. The indoor test was called a 'jury test" in which several groups of people

weresurveyedfortheirperceptionoftheaffectofvibrationonthemirroratvarious

magnitudesandfrequencies.Theexperimentalconfigurationisillustratedin

Figure 2-2, in which they used two Ling electro-dynamic shakers to excite the

mirror. Their findings resulted in a "perception curve"' which recorded the

11
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tolerable acceleration levels up to 200 Hz. This tolerable criteria curve was

compared with the outdoor test data towards determining a vibration threshold.

During the 'jury test" the difficult stages for identifying objects were also discovered'

when diagonal vibration occurred at2o,40, 50 and 70 Hz. At these frequencies'

the ability to characterise the object in the mirror was found to fall below 50 per cent'

Their outdoor fierd test was performed in the schefenacker test field in Adelaide.

The truck was driving at the speed of 60 kph, 80 kph and 100 kph (respectively)

with the mirror in the extended and retracted positions. Their frequency range

under test focused from 0 to 200 Hz. Figure 2-3 shows the measured FRF data at

80 kph speeds with the mirror retracted, as well as the pre-obtained tolerable

vibration threshord. when comparing the vibration threshord with the tested FRF

curves, the main problem frequency range of concern was between 5 to 40 Hz'

The frequencies over 40 Hz were below the tolerable vibration threshold, meaning

that the tolerable threshold was high enough above the actual vibration so that the

revers experienced were not of concern. They arso verified that engine speed had

a large impact on the mirror vibration. The worst case occurred at 33'3 Hz (Figure

2-3), with a driving speed at 80 kph and an engine speed at 2000 rpm' which

corresponded to 33.3 Hz.

Figure 2-2: Experiment set-up of the 'jury test'
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Figure 2-3: Test data with vibration threshold

2.1.3 Evaluation of field tests

Kaesler and stanef's work raised several issues regarding vibration-induced

displacement of side-view mirrors, but the limitations of their work should also be

realised, particularly with respect to the uncertainty of the jury test results' It

should be realised that in the jury test, only the mirror vibrated, not the jury

members. lf both the jury member and the mirror vibrate, the results would

without doubt be affected. ln fact, it is impossible to eliminate a driver from

vibration (despite isolation of the cab and the seat) and so that a driver's motion

wourd arso affect their perception of torerabre vibration impaired vision. ln a sitting

position, a driver may well suffer high vibration induced displacements between 20

to40Hz(Broch1980).Thephaseandamplituderelationshipofthedrivers
vibrating head and the vibrating mirror would make assessing the affects of such an

occurrenceextremelydifficult.Thesimplification(suchasinthecaseofKaesler

and stanef, where the jury members were kept stationary) would be the only

means of indicating and comparing tolerance thresholds from person to person'

It has also been discovered that the human eyeballs resonate around 60 to 90 Hz

(Broch 1980). Vibration in this range can disturb self-rated assessment and visual

acuity (Harris and crede 1976). Therefore, if the body is subjected to vibration

within this range, the vibration displacement of the mirror may well be under what is

13
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defined as a tolerable level for perception, but a coinciding eyeball resonance will

most likely also cause a detrimental effect and severely exacerbate the situation'

Kaesler and Stanef also used two Ling shakers to simulate the support behind the

glass plate and to provide the sources of excitation. However, it was found that a

typicat mirror for a motorcar has three supports at its back (this tested truck mirror

also hold that). The first connection between the mirror and the mounting bracket

is normally via a ball joint at the centre and the other two connection points are a

complex arrangement of parts, which effectively adjust the mirror. However, while

the attachment mechanism is far more complex than they represented' it is

appreciated that their goal was not to reprodUce the mechanism of the mirror' but to

generate quantifiable levels of vibration about three axes and to determine the

tolerable level of vibration, prior to the impairment of vision.

Both wang and Kaesler's work confirm that the vibration frequency range of

interest is towards the lower range of the spectrum, in particular below 100 Hz'

Both of them use field trials to ascertain vibration parameters and such methods

should not be overlooked as an immensely valuable method of data acquisition

towards providing evidence for design improvements' However' testing alone can

be extremely time consuming and costly' ln addition to the large amount of

variabres, it can be difficult to isolate any particular variabre of interest and observe

its effect on a prototype. Numerical methods (as long as they accurately reflect

the physical system on which they are modelled) have distinct advantages here'

wherenotonlytheproductcanbesimulatedbutalsotheconditions'Each
parameter that may affect the performance of a prototype can then be individually

ascertained.
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2.2The finite element aPProach

ln engineering mechanics, finite element methods can be applied to represent the

motion of a system. The equation of motion is solved in terms of modal

parameters, which leads to an eigenvalue and eigenvector solution (Craig 1981)'

Finite element modelling, when used correctly and bearing in mind that any model

isonlyasgoodasitsinputdata,isgenerallyacost-effectivewaytodesigna
prototype. The process of finite element methods and validation has been

expressed (Dascotte and A.Schonroclk 1996)' Dascotte and schonrock pointed

out that FE static analysis targets the mass, stiffness and inertial properties of a

prototype, and FEA dynamic analysis resolves the FRFs and modal parameters of

a system.

Finite element anarysis focuses on the function part of the form-fit-function equation'

The basic steps of a finite element analysis were summarized into seven phases

(Cook and Malkus 1989), including:

1. Discretization of the continuum,

2. Selection of interpolation functions,

3. Determination of the material properties'

4. Determination element properties,

Application of boundary condition,

6. Solution to the system of equations and

7. Additional comPutations

ltispossibletocheckthefiniteelementmodelandwhetheritisthecomplete
idealization of the entire structural problem through the node locations' the element'

physical and material properties, loads and boundary conditions' A finite element

5
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model is often made of more than one element type to represent the various

shapes and functions in the structure'

Finite element method also has its limitations. when describing more complex

structures with appropriate detail, FEM requires an increasing model size, high

model construction and a resulting long calculation time (Auweraer 2001)'

Auweraer also stated that the inherent modelling accuracy was related to the

"modelling of structural junctions, non-homogeneous and complex materials"' An

argument remains that FEM approaches could be used satisfactorily for static

problems, but would lead to difficulties in dynamic problems (Richard 1975)'

Because of these recognised limitations of the FEM approach, the experimental

approach of modal analysis was required to verify or improve the FE model

(Friswell and Mottershead 1995) and hence, the approach adopted in this study'

With the developing FEA codes and computer technique, the applied limitation has

been steadily overcome, and applications of FEM combined with experimental

modal analysis verification are widely used in industries. several cases were

found using FE modelling of architectures to acquire the natural frequencies and

mode shapes and applying modal testing to verify the FE model (Reynolds et al'

1999; Sohn 2oO1; Munsi et al.2002), or performing modal analysis in FEM such as

a thick-walled circular cylinder (Singhal et al' 2OO2), a subsystems in hard disk

drive (Xu and Guo 2003), and internal decay (Axmon et al' 2002)' other

application of dynamic optimisation using FEM and test/analysis correlation can be

found in aero-astrodynamics (Haubrock et al' 1989)' and spacecraft structures

(Donley 1998). several case studies were found in which finite element methods

were used on the rear-view system of vehicles, including both rear-view mirror and

side-view mirrors that will be discussed in the following section'
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2.3 Finite element analysis on the rear'view mirror

o,Grady (et al. 1996) used FEA to predict the vibration response of an internal

rear-view mirror. The chief attraction of this work was the building strategy for

their FE model of the mirror assembly. They initially modelled the bracket part first

with a standard block representing the weight of other parts of the mirror assembly'

This effort was to determine the mechanical behaviour of the clip region before

concentrating on building an accurate FE model of the complete mirror assembly'

Building the bracket model minimized the numbers of uncertainties prior to defining

the complex geometry of the entire mirror model. For the same reason, a similar

strategy was also followed in this project for the side-view mirror' ln the first stage

of their modelling of the bracket (with ANSYS), they used shell elements for the

main parts and tetrahedral solid elements for the simplified mass model of the

mirror.

The results they generated from their model were verified by an experiment in

which a laser beam was reflected off the mirror onto a Screen' The bracket was

then oscillated using an electromagnetic shaker. The displacement vectors were

measured in the transverse, longitudinal and vertical directions and were plotted

againstfrequency.Thenaturalfrequencies,determinedfromtheexperiment,

were then compared to the associated data from finite element modal analysis of

the bracket model with a block representing the mirror assembry. Although they

found good correlation between the FEA results and the experimental ones' a big

issue arose regarding the clip region of the bracket' the area that the internal

rear-view mirror attached on the front windscreen. They discovered any tiny

changes in the parameters around that region would cause large offsets of the

calculated natural frequencies in the spectrum. lt indicated that the boundary of

the bracket model had a vital impact on the FE model' Figure 2-4 illustrates the

FEmodelofthebracket.Figure2-5showsthemodeloftheclipregionofthe
bracket.
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Figure 2-4: FE model of the bracket

Figure2-5:TheclipregiondiagramandrelatedFEmodel

ln the next stage, they built the FE model of the complete mirror assembly' a

Donne¡y European internar rear-view mirror. The mirror consisted of a nylon

bracket, polypropylene case toggle mechanism, a glass prism, and a metal button'

The main problems indicated in their work within the dynamic evaluation of this

assembled system were the day/night toggle lever and the ball-socket joint' while

these issues of their research are not the same as in the scope of this study there

ale a number of similarities on the modelling of the complete mirror (Detailed

described in chapter 6). Figure 2-6 illustrates the FE model of the complete

model of the mirror.
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Figure 2-6: The FE model of the internal rear-view mirror

Damping was another issue in their study. They constructed a number of beam

specimens for each of the materials that were used in the mirror to deterrnine the

damping ratios by a simple free oscillation test. The specimen was held in a

clamp at one end and an accelerometer fixed on the free end to measure the

oscillation decay (and hence damping) after the bent taught specimen was

released. Once the results established, the damping ratios were incorporated into

the FE model. rn their conclusions, they listed some important issues that are of

significance to this project. Firstly, they indicated that the use of FE modelling to

predict dynamic properties could be precise. They commented that in some

regions of complex geometry, the mesh density should be increased and meshing

should be kept uniform. They also concluded that the use of trial and error in

determining the constraints was not the ideal solution. Finally, they conceded that

experimentally determined values of damping ratio were not accurate'
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2.4 Afinite element analysis of a side-view mirror

Two case studies in which side-view mirrors have been modelled were found'

The first one (CADOE 1999) studied the polypropylene case of a side-view mirror

by using ADOFEM package. The work was focused on the dynamic behaviour

and damping of the engineering plastic material' Figure 2-7 shows the FE model

of the side-view mirror case. They were mainly concerned with the thickness of

the casing and the ribs. Figure 2-8 illustrates the shell thickness of their model

and the thickness of the support's internal ribs and the support. Figure 2-9 shows

the difference between using constant damping values and damping values that

varied with frequency.

Geometry of the rear mlrror

Meshing and boundary conditions

Figure 2-7: FE model of the rear mirror case
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The analysis results calculated FRF data under 500 Hz, and defined the material

damping for the support part and the body part, respectively. The work set the

thickness of the internal ribs at 1mm, 2mm and 4mm respectively, while thickness

of the support correspondingly at 1.75mm, 3.5mm and 4.5mm' At each set of the

thickness, they also applied two damping options, one in constant damping and

one in variable damping. Figure 2-9 shows the comparison of the two FRF results'

which indicates that the peaks of the FRF are similar but the eigenvalue

(frequencies) of the variable damping is increased'

Suppott's internal ribs The suppoÉ

Figure 2-8: Two models for shell thickness
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Hwang (et al. 2001) used a robust optimisation technique on a finite element model

ofaside-viewmirrortoreduceitsvibration.lntheirwork,modalanalysisand
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harmonic response analysis were employed correspondingly to calculate the

natural frequencies of the model and estimate the displacements of the glass

surface under dynamic loads. Figure 2-10 illustrates the FE model of the

side-view mirror and corresponding prototype. The FE model was verif¡ed with

vibration experiments for the parts and for the assembly body' The natural

frequencies were acquired from the experiment by using a Fast Fourier Transform

(FFT) analyser and an impact hammer. The harmonic vibration responses were

obtained using an electrodynamic shaker. Figure 2-11 shows the frequency

response plot of the displacements at the glass surface' The displacements were

carcurated as the mean square varue of the individuar dispracement on three

coordinates.

ülnss

plÈlc

pLatc Þo[der

Bege c

Figure 2-10:The FE model of the side-view mirror and corresponded prototype
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Figure 2-11: Frequency response plot from the experiment

The first three resonance frequencies of the mirror assembly from the experiment

(average of tests) were al 4o Hz, 60 Hz, and 107 -5 Hz- While the same results

from FE model in the ANSYS were at 39.82 H2,61-10 Hz, and 107'16 Hz

correspondingly. The maximum vibration occurred at the first resonance

frequency (Figure 2-11). They identified the main sources of the vibration were

the rotation and translation motions of the glass'

The structure of the side-view mirror was optimised for robustness using the

Taguchi concept, which uses orthogonal arrays and S/N (Signal/Noise) ratios in the

parameter design to make products insensitive to noise factors rather than

eliminating them (Taguchi 1984; Phadke 1989)' ln the robust design process'

they concruded that the path of the vibration source to the mirror surface (via the

base-plate, the shaft, the frame, the housing, the actuator and the glass) was the

most significant design variable and hence their focus of attention'
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2,5 Conclusion on the FEA mirror Gase studies

The three case studies previously discussed, highlighted the critical considerations

in modelling rear view mirror systems and experimentally verifying them to ensure

a high level of prediction accuracy. ln all three cases, the physical mirror system

was mode¡ed using FEA software. The findings of this riterature review had a

direct influence on the strategy that was employed in this study; a sensitivity

analysis for the design parameters of a motorcar side-view mirror'

ln a similar fashion to the modelling of the internal rear-view mirror, the side-view

mirror of this project was divided into two stages. The bracket was initially

analysed to determine the accuracy of the boundary condition modelling and to

reduce the uncertainty in the finite element analysis. once satisfied that the

model of the bracket and the bracket experiment reflected identical parameters and

conditions, the complete system was modelled and experimentally verified'

The review of this previously published research demonstrates how correlation

between experimentar data and the moder provides confidence in the models ability

to predict dynamic behaviour. lt has also been shown that FEA can be used as a

reliable method for predicting dynamic behaviour, contrary to earlier publications'

It has also been shown how damping can affect the accuracy of models and that

consideration should be given to variable damping values. Meshing must also be

carefully considered and while a comprehensive high mesh density would only

increase the solve time; a uniform high mesh density issue is necessary around

complex geometry. This project will incorporate all of these considerations'
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Chapter 3
The Experimental verification of a

Simple Case StudY

3.1 lntroduction

while it is commonly accepted that FEM is a powerful tool in predicting static load

problems with increasing acceptable degrees of accuracy' there have been doubts

regarding the prediction accuracy of dynamic problems (Richard 1975)' This

demonstrates the importance of improving the level of confidence in a model by

conducting an experiment where all the parameters of the model are accurately

refrected so as to varidate the resurts of the moder (Friswell and Mottershead 1995)'

Modelling a complete mirror assembly is a non-trivial exercise that would present

many opportunities for error and hence an inaccurate prediction of dynamic

characteristics. lt is therefore sensible.to commence with an extremely simple

model that could easily be validated by a simple experiment, so that the

fundamentars of reliabre modelring and experimental methods courd initially be

established. A simple model that is not encumbered with geometric intricacies or

complex assembly relationships would highlight the basic importance of a model

accurately representing a physical system or, conversely' that the experimental

set.upaccuratelyreflectstheparametersofthemodel'

This chapter therefore describes the procedure of buirding a finite erement model of

a simply supported rectangular plate with ANSYS, to predict the plate natural

frequencies and associated mode shapes. An experimentarverification procedure

is also presented, in which the classical modal testing method of exciting the plate

by using an electrodynamic shaker with random noise Sources' Care was taken to

ensure that the measurement points in the experiment coincided with nodes in the

model
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3.2 Properties of the Plate

Figure 3-1 illustrates the front view of the simply supported plate' The geometric

dimensions and material properties of the plate are listed in Table 1' where the

length of the plate is the horizontal edge, and the width is the vertical edge of the

plate. Data for the material properties of the plate were sourced frorn published

material.

Figure 3-1: The overview of the plate
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Table 1 Basic dimension and material properties of the plate

Length (m) 0.38

Width (m) 0.3

Thickness (m) 0.00196

Young's Modulus (GPa) 207

Poisson's Ratio 0.292

Density (kg/m3) 7800

Figure 3-2 shows the rear view of the plate and details of the plate mounting

conditions, which are designed to simulate simply supported conditions' The

figure shows that each edge of the plate was attached to a thin sheet, which was in

turn attached to a rigid steel frame.
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Sheet

Panel

Figure 3-2: Boundary conditions of the plate
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3.3 F¡nite element analysis of the plate

3.3.1 Defining the geometry, material and physical

properties

A finite element model of the plate detailed in the previous section was constructed

using ANSYS version 7.0 to simulate the plate's boundary conditions, geometric

properties and material properties. ln such a simple example, rather than import

the geometry, the ANSYS modelling toolbox was used to describe the geometric

properties of the plate. Because the plate thickness was ten times smaller than its

length or width, shell elements were selected to represent it' The ANSYS

documentation (ANSYS 2004) stated that the most appropriate application specific

element was an ,,elastic 4node shell 63". This two dimensional element allowed

the thickness to be defined and was therefore appropriate for a three dimensional

structure.

3.3.2 Meshing

Since the mesh density directly affects the computing time and the prediction

accuracy, the proper mesh density is very important' The reason for picking a

mesh density of adequate resolution can be demonstrated through a series mode

shapes for a simply supported beam. Figure 3-3 illustrates three sinusoidal

curves: the upper one displays the first mode of a beam, the middle one is the

second mode of a beam and the lower one is the third mode' lf the highest mode

of interest for the beam is the third mode, and the element spacing is uniform' then

at least 12 equispaced elements are required to define the poles and zeros of all

three sinusoidal curves.
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For a simply supported plate, where these patterns will be evident in the x-x plane

and the y-y plane (Figure 3-4) a 12 x 12 element mesh will be required'

continuing with the notion that Figure 3-3 may also represent a cross section of

plate it is possible to see that a particular mode of a plate may consist (for example)

of the first mode in the x-x direction and perhaps the second mode in the y-y

direction. ln this example the mode would be referred to as a 1,2 mode'

To observe the effect of mesh density, an initial density of 12 x 12 was therefore

selected for the plate model (Figure 3-4) and the effect of increasing the mesh size'

lo 24 x24 and 48 x48 was also observed'

1+t Mode shape

2 4

3rd ModE shape

Figure 3-3: The deformation shapes associated with the first three modes of a

beam

Znd Mode shape

3
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Figure 3-4: Model meshing with 144 elements

3.3.3 The boundary Gond¡tions

The plate presented in the previous section represents a simply supported system'

By defining the relevant degrees of freedom for each boundary node to restrict

translation, but allow rotation along each edge, a simply supported plate could be

represented.

3.3.4The modal analysis solution

The Modal analysis solver in ANSYS solution was used to acquire the first five

natural frequencies and the associated mode shapes' The objective of the

exercise was to determine an accurate modeiling method that would correlate well

with experimentally acquired data. while achieving similarity is possible' the

parameters of the model would never be identical to the physical system and this

would become increasingly obvious at higher-order modes' which would be more

susceptible to small differences between the model and the physical system' Also,

as previously stated, the entire focus of this thesis is in the low-frequency domain'
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It was therefore considered sufficient to focus on the prediction accuracy of only the

first five modes natural frequencies and the related mode shapes'

After obtaining the modal analysis results of the model, it was possible to perform a

harmonic response analysis with the harmonic analysis solver in ANSYS to

produce frequency response functions (FRFs) between each measurement and

excitation location.

3.3.5 Glassical calculations

To verify the FE model generated in the previous section and to provide a control

reference, the classical calculation of the natural frequencies and the

corresponding mode shapes was performed. The derivation procedure of the

equation is available in Appendix-B. The equation is shown as (Junger and Feit

1e86):

.f *,n
1

2ø (r)t'[t 2 2

+

where L" is length of the plate; L, is width of the plate; h is thickness of the plate; E

is Young',s modulus; yis Poisson's ratio and p is density of the plate' The m and n

are mode indices corresponding to the directions along L, and L, respectively (the

mode index in Table 2has the same meaning)'

3.3.6 Modal analysis results

Table 2 shows the results of calculating the natural frequency using the formulation

described in section 3.3.5 and by using ANSYS. The table also shows the effects

of increasing the mesh densitY'
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Table 2: Natural frequency associated with first five modes

Mode Theory

(Hz)

144 (12x121

Elements

(Hz)

576 (24x241

Elements

(Hz)

2304 (a8x48)

Elements

(Hz)

(1.1) 86 86 86 86

(2,1) 186 185 185 185

(1,2) 246 244 246 246

(2,2) 345 343 345 345

(3,1) 352 349 351 351

Table 2 shows there are some errors between natural frequencies calculated using

the theoretical equation and those predicted using FE model with 144 elements'

The errors can be substantially reduced as the mesh size is increased lo 24 x24'

lncreasing the mesh density to 48 x 48 only benefits with a negligible further

improvement and a 24 x24 mesh density is therefore an optimal mesh density for

the cases tested here.

Figure 3-5 iilustrates the FE moder with boundary constraints by dividing 24x24 in

mesh. Table 3 describes the deformation shape associated with the first mode

and Figure 3-6 shows ANSYS calculation of mode shapes. The displacement of

the plate surface is indicated by coloured contours; where blue represent the

maximum displacement, as does red, while 180o out of phase with the blue region'
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Figure 3-5: The plate model Qa x24 meshing) with constraints

Table 3: Each mode shape description

Figure 3-6DescriptionMode

a( )The first x-x mode and the first y-y mode1,1

b( )The second x-x mode and the first y-y mode2,1

c)(The first x-x mode and the second y-y mode1,2

(d)The second x-x mode and the second y-y mode2,2

e)(The third x-x mode and the first y-y mode3 1
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Figure 3-6: The deformation shapes associated with the first five modes

3.3.7 Harmonic response analysis results

Measurement location

Any sustained cyclic load will produce a sustained cyclic response (a harmonic

response) in a structural system (Kelly 2000). Harmonic response analysis is a

technique used to determine the steady-state response of a linear structure to

loads that vary harmonically with time (Hansen 1991)' ln ANSYS' the harmonic

response analysis solver calculates the frequency response function (FRF) of a

forced vibration response on the FE model, and can generate a graph of

displacement response versus frequency' Since FRFs are easily measured

experirnentally, the FRFs of the model are an excellent source of comparison to

demonstrate correlation between the results acquired from the model and those

acquired exPeri mentallY.

37



CruP 3. The al ofa simole .shtdv

The magnitude, type and position of the excitation force applied in the model were

chosen to simulate the proposed load conditions for testing the plate. To acquire

a good vibration response in either the model or the physical system, the excitation

force and response measurement locations should not be positioned at anticipated

modal zero cross-overs (refer to Figure 3-3), because there will be minimal

response or minimal excitation of a mode1. The zero cross-overs for the first five

mode shapes can be seen in Figure 3-7 as lines labelled 1:2, 1"4,2:3,3:4, 5:6, 7:9'

1j:i2 and 8:11 across the plate labelled 1:2:3:4. The force was therefore applied

at position 14 and an initial response was measured at location 13. These

locations were later used in the experiment'

Figure 3-7: Line segments on the model

position 13 was located al20.7 cm from the left hand side of the plate and 22'6 cm

up from the lower edge. Position 14 was located 29.4 cm from the left hand side

of the plate and 23'6 cm up from the lower edge'

1 ln vibration it is common to refer to these zero-crossovers as nodes and the displacement

maximums as anti-nodes. However in FEA, the term node is.also used for a mesh junction' so to

avoid confusion it will only be used in the context of this thesis to describe a mesh junction and not a

zero-crossover.

I.t
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Damping

ln harmonic response analysis (which is used to generate the FRFs), it is

necessary to consider, or anticipate, the structural damping (lmaoka 2000)' This

is discussed in detail in Appendix C, but coefficients of damping can vary 0 and 1'

where 0 would indicate no energy losses and 1 would indicate total energy loss'

As the damping coefficient tends towards 0, the peak value sharpens' ln fact, it is

possible to calculate the damping coefficient directly from the sharpness (or quality

factor) of the Peaks (Broch 1980).

Results

ln the FRF of the model, two variations of the modal damping coefficient (0.01 and

0.001) were considered as shown in Figure 3-9. The effect of changing the

damping coefficient can clearly be seen. within the ranges considered, it is clear

that the damping only modifies the shape of each peak while leaving the frequency

value unaffected.

FRF results of the ANSYS model

0 1Û0 2m 3tu 400 50t1

FrequencY (Hz)

600 70Ú tr10

Figure 3-9: FRF data of the ANSYS prediction

EO

40

2g

0

ID
Ît
¿

(1I
aÍt

E
oõ
=
=5L
E

-40

24EHz
I

It

3

I¿ 1Hz8FH

I
!
I

I

ltt

lr

Hz

I

tl

Dampin .001- 
Damping=û.t1

€0

39



3.4 Modal testing exPeriment

A modal analysis of the plate was conducted using experimentally derived data'

Frequency response functions of the physical system were measured using a

spectrum analyser to reveal the naturalfrequencies and the damping ratios (via the

peak quality factors). The data was then post processed by dedicated modal

analysis software to determine the mode deformation shapes that were associated

with each resonant Peak'

Modal testing is widely used as a verification method for FEA results' A typical

modal testing measurement has three parts (He and Fu 2001):

Generating the excitation force and applying to the structure;

Measuring and acquiring response data and

Deriving FRF data to determine the modal parameters.

Excitation methods may include impact excitation (via a hammer) or the direct

application of a cyclic or random force by an electromagnetic shaker (Ewins 1984)'

Hammer excitation can be easily carried on the test structure, while shaker

excitation applies constant force on the test structure. Here the shaker excitation

was performed on the plate because, it is easy to calibrate test results via the

measured exciting force. The excitation position was rocated at the same position

indicated from the FE model (point 14 in Figure 3-7). An accelerometer was also

mounted at the response location (point 13 of the FE model) to gain the response

acceleration signal.

3.4.1 The experimental configurat¡on

Thedetailsoftheequipmentthatwasusedinthetestingoftheplateareshownin

Table 4 and the experimental configurations for the shaker excitation experiment

are illustrated in Figure 3-10.

a

a
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Table 4: Experimental configuration for the plate

Acceleromêter

plifier

F
T

Çharge
Amplifier

It'0.rl

Sþal Anaþer

Figure 3-10: Modal testing diagram by using the shaker

Item Description Model No. Serial No.

1 Accelerometer Brüel & Kjær, TYPe-4393 1 548906

2 Charge Amplifier Brüel & Kjær, TYPe-2635 1527252

3 Dynamic Signal AnalYser HP-356654 No.2

4 Electromagnetic Shaker Ling shaker V-203 3739718

5 Force Transducer Brüel & Kjær, TYPe-8200 1577899

6 Power Amplifier Playmaster Pro Series-3 Unit 5

Power

Electromagnetic
Shaker

e

Chmge
Amplifier

.ttf
tÕ
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3.4,2 Shaker excitation method

An electromagnetic shaker was used to excite the plate with random noise

generated by the Hewlett packard analyser. The shaker armature was attached

to a force transducer, which was in turn attached to the rear of the plate by a stinger

arm, at the same location as in the impact excitation experiment (and in the model)'

The motion of the plate surface vibrated a piezoelectric accelerometer, which was

attached at position 13 (as shown in Figure 3-7) producing a charge that was

direcfly proportional to the acceleration. This charge was then converted to a

voltage, via the charge amplifier, which was then measured by the Hewlett Packard

analyser, along with each associated excitation waveform.

3.4.3 Results

Figure 3-11 illustrates the comparison of the FRF results through the FEA of the

plate model and the experimentally acquired FRF by a shaker excitation method'

FRF of updaled Point on the Panel
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ANSYS

- 
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Figure 3-11: Results of updated model and experiment
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a case

Figure 3-11 demonstrates that good agreement between the ANSYS results and

measured results can be achieved. Both frequencies associated with the first

three modes match well below 4OO Hz. However, while two were expected

around 350H2 (the 2:2 mode at.344 Hz and the 3:1 mode at 351 Hz) only one peak

is visible. This can be attributed to the influence of damping in both the physical

structure and in the FE model as shown in Figure 3-12. A comparison of all three

curves indicates that there is some error in the estimation of the damping

coefficient applied in both the theory and in the FE model of the plate. ln order to

observe the 3:1 mode at all (at 351H2) it was necessary to set a damping

coefficient value of 0.001, which is ten times smaller than the value used in the FE

model, and even more so than the damping that is apparent in the experiment'
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Figure 3-12: FRF results from equations, ANSYS and test
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3.5 Conclusion

ln this chapter, a simply supported plate was modelled using a finite element

approach and the resulting data was compared to:

The use of classical theory and

An experiment in which the plate was randomly excited with an

electrodynamic shaker

ln each case frequencies associated with the first five modes were compared'

The first five mode deformation shapes were identified in the model, but after

continuing on to predict the frequency response functions via the model, it was only

necessary to determine an associated FRF in the physical system' rather than

perform a comprehensive modal analysis of the physical system.

comparison of the model to the theoretical results assisted in determining an

optimum mesh density that provided accuracy and an efficient modelling time'

However, upon comparison to the experimental results it became apparent that

physical testing was not always a sure benchmark for modelling, but that

something as fundamental as the excitation method could have a significant effect

upon the experimental data. Attention to detail in the experiment is therefore

obviously of equally importance to producing an accurate model.

rt courd arso be seen that the damping coefficient (that is estimated in the model) is

also critical in producing identical results between the model and the experiment'

comparisons indicate that the damping coefficient is not constant across the range

of interest and that the damping used in the model should be derived from

experimentallydeterminedfrequencyresponsefunctions.

o

o
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Chapter 4
The Schefenacker Side-View Mirror

4.1 lntroduction

ln this chapter the schefenacker side-view mirror, the primary subject of this thesis

is introduced and described. lts usual configuration on a car is explained and the

physical properties of each component are presented'

4.2Description of the side'view mirror

The side-view mirror that was investigated in this project was manufactured by

Schefenacker Vision systems Australia Pty and is a 1998 RH-Electric Ford Falcon

AU/BA, mirror. Typically these side-view mirror units are mounted onto the front

doorframes of the vehicles through a foam seal, a rubber grommet seal and a

number of bolts, as shown in Figure 4-1. Figure 4-2 shOwS the Side-view mirror

assembly.

Figure 4-1: Side-view mirror installations
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Minor assembly; 2. Foam seal; 3. 4'pin harness connector;

4 Bolts (x3); 5. Rubber grommet seal
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PTE,R 5 of the mirror and cation

Front view

Back view
Figure 4-2:The Schefenacker side-view mirror

The side-view mirror unit consists of

A bracket, which is held in a bracket case;a

An actuator, which is held in an actuator holder;

A mirror, which is held in a back case;

And some other accessories: a foam Seal, a spring and a slide block'

Figure 4-3 illustrates all of the components of the mirror unit and Table 5 shows the

material properties of the mirror assembly (Nicholson 2003; MatWeb 2004)'

o

o

a
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Bracket Bracket case

Actuator holder Back case

Mirror
Actuator

Foam seal Spring and block

Figure 4-3: Components of the side-view mirror
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No Name Material Name Pick-up Properties
Weight

(g)

1

Glass and

plate holder

sAE (PoM)

1452522

Density: 1840kg lm3;

Flexural modulus: 66GPa;

Poisson's ratio: 0.19

140

2 Bracket

SAE

(PPE+PS-GF20)

1461950

Density: 12ggkg lm3 '

Flexural modulus: 5.29GPa;

Poisson's ratio: 0.05

166

3
Actuator

holder

SAE

(ABS-GF20)

1461956

Density: 119Okg lm3;

Flexural modulus: 2.6GPa;

Poisson's ratio: 0.38

137

4 Actuator

SAE

(PPE-GF20)

1452523

Density: 121|kg lm3;

Flexural modulus: 6.5GPa;

Poisson's ratio: 0.38

107

5 Spring
Stiffness (K).: 1

17.64kN lm

SOOkg I m or

Table 5: Properties of each part of the mirror assembly

(*Note: A compression test on the spring revealed that when loading with a 17kg force' the spring

compressed 10mm and 15mm and when the load was increased to 26kg'

As can be seen, the mirror assembly is not simplistic. A comprehensive model

that accurately includes precise details of the geometry for each and every

component and one that includes an accurate representation of the assembly

details would be exhaustive and would likely to be useless as a tool for predicting

dynamic performance. There would simply be too many areas for error and it
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would be impossible to deduce the reason for poor correlation to data that is

derived from the model and data that was derived experimentally'

The following chapters therefore detail how the bracket is modelled initially, prior to

increasing the complexity of the mirror assembly. This way, via experimental

verification, confidence in the prediction accuracy of the model can be steadily built

upon towards a accurate comprehensive model of the assembly that can be used

as a tool to predict the outcome of design changes'

49



t

Chapter 5
Finite Element Analysis of the Mirror

Bracket and Verification

5.1 lntroduction

ln this chapter, the dynamic properties of the mirror bracket (Figure 4-3) are

investigated numerically and experimentally. As explained in Chapter 4' the main

reason for modelling the bracket prior to the entire minor system is to establish a

reliable FE model for the bracket so that the parameters of the model (especially

the boundary conditions) can be verified experimentally.

Two FE models, a full and a simplified model, of the bracket are presented and

both models are verified experimentally. The two FE models differ from a convex

area Surround by three mounting bosses. The FE model describes several

important areas on the physical bracket to help simplifying the complete mirror

model.

5,2 Description of the bracket

The bracket, which is used for supporting the mirror assembly, is mounted to the

car door frame through three mounting bosses, as illustrated in Figure 5-1'

The actuator horder and the remaining components of the mirror assembly (Figure

4-3) attach to the bracket via the boss on the boss support' Figure 5-1 (b) shows

the rib structures between each mounting boss that are designed to provide

strength in the bracket.
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Base plate

Boss

Boss support

,iì

(a) Front view of the bracket

(b) Back view of the bracket

Figure 5-1: The overview of the bracket

Figure 5-2 illustrates the relationship of the bracket and the bracket case' The

bracket case is simply used to cover the bracket and is not used as a means of

connection to any other parts of the mirror assembly or the car' Therefore it is not

necessary to consider the case in the modelling'

Mounting
bosses
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(a) Before assemblY

(b) After assemblY

Figure 5-2: The bracket and the bracket case
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5.3 Finite element analysis of the bracket

5.3.1 Modelling

Boundary conditions

Modelling the car and its influence on the dynamic behaviour of the mirror would be

extremely complicated and so the mirror bracket model was fully fixed at its door

mount bosses. Boundary conditions were applied at these bosses to represent

the clamping force from the attachment bolts'

Geometrical shaPe

ln a structural dynamic FE model, mass matrices, stiffness matrices and material

properties affect the dynamic properties of the structure. The mass matrices and

stiffness matrices depend on the material properties and the geometrical shape of

the structure and therefore an accurate representation is important, as long as it

doesn't become too complex to solve. Figure 5-3 shows the level of geometry

detailfrom various angles. Ribs and fillets under the boss support and at the back

of the base support are critical to the dynamic performance of the bracket and

hence were carefully considered in the modelling. However, some areas less

critical lent themselves to simplification. so that the bracket could be accurately

modelled (within the limitations of the academic version of the software), it was

simplified and represented by three basic parts: a base plate, a boss support and a

boss (Figure 5-1a). However, as much pertinent detail as possible (without over

complication) was included in all three parts'
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a

c d
(a) Front view; (b) Bottom view; (c) Side view; (d) Back view

Figure 5-3: Different views of the bracket

5.3.2 DescriPtion of the FE model

Full Model

ln order to calculate the modal properties of the bracket, the element types, real

constants (such as shell thickness), material properties and boundary conditions of

the FE model were all defined. The FE model was created a commercial FEA

package; ANSYS, in which the ribs and fillets were modelled using shell63

elements. The remaining geometry was modelled and using shell143 elements'

each deemed to be most suitable for their geometric application (O'Grady's et al,

1996). A constant damping ratio value of 0.01 was used in the FE model' The

use of shell elements required that a real constant value to define the thickness of

each element set.
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The material properties (such as the Young's modulus, Poisson's ratio and density

of the material) are all presented in Table 6. Figure 5-4 shows the overview of the

initialfull model that represents the level of detail shown in Figure 5-3 as accurately

as possible within the limitations of the software2'

1
EIE}lEtrTS

DSYS=1I

(a) The front view

(a) The rear view

Figure 5-4: The overview of the full bracket model (model-1)

2 The academic version of At tsvs is restricted to in the amount of elements (or nodes) that can be used

1

ELET'IEIIT5

DSYS=II
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Simplified Model

ln general, calculating the dynamic properties of a complex structure by means of

finite element analysis is very demanding of computational resources and the

number of mesh nodes directly affects the computing time. Because this model

would later form part of a more complex assembly, the feasibility of calculating the

dynamic properties of the bracket using a more simplified model was also

evaluated. In this model (Figure 5-5a) a number of the curved surfaces were

represented by flat surfaces instead, so that the geometry complexity was reduced,

allowing it to be represented by far fewer elements'

1
EúEffiS

(a) The front view

1

zt EEEfrs

(b) The rear view

Figure 5-5: The overview of the simplified bracket model (model-2)
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5.3.3 Modal analysis results

To identify the dynamic modes of both the full and simplified model a Modal

Analysis Sotution was performed. While the frequencies of each mode shape

were expected to differ between the full and simplified model, they were thought to

be similar enough to assume common mode shapes (albeit at slightly different

frequencies). The natural frequencies and associated mode shapes of the

bracket were calculated in the frequency range between 0 and 800 Hz. A total of

seven modes were included in the range. Figures 5-6 to 5-12 show the mode

shapes of the fully modelled bracket (model-1). These are then compared to the

natural frequencies that were calculated using the more simplified model (model-2)

are shown in Table 6.

1

M)Dtt sotûTrfltl
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Figure 5-6: Deformation shape associated with the first mode
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1

tloDÀl sof,urlotr

SE!=¡
5ùß -2
r4r0.321.656
Itsnil tÀvo)
R5Y5=0

DID( .¿I.56
Slt( =2I.5ó
DSYS-lI

o 1 -a9! 9. sÊ2 L1.373 19- 165

Figure 5-7: Deformat¡on shape associated with the second mode

Figure5-8: Deformation shape associated with the third mode
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FigureS-9: Deformation shape associated with the fourth mode

Figure 5-10: Deformation shape assoc¡ated with the fifth mode
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Figure 5-11: Deformation shape associated with the sixth mode

Figure 5-12: Deformation shape associated with the seventh mode
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Mode index

(and description)

Full model

(model-1)

Simplified

model

(model-2)

Difference between

model-1 and

model-2

1 (boss support bending)
229.79 220.87 -3.88%

2 (base plate mode 1)
321.66 345.93 7.55%

3 (base plate mode 2)
338.79 375.17 10.74%

4 (boss support torsional)
441.04 431.52 -2.16Yo

5 (base plate mode 3)
543.89 617.88 13.60%

6 (base plate mode 4 couPling
with boss suPPort torsional,
dominated bY boss suPPort
mode)

657.13 665.76 1.31%

7 (base plate mode 5 couPling
with boss suPPort torsional,
dominated by Plate mode)

692.82 796.54 14.97%

Table 6: Natural frequencies predicted by two FE models

The numerical results shown in Table 6 demonstrate that both models similarly

predict the natural frequencies of modes 1, 4 and 6. However, there is significant

difference between the other modes. Where significant differences exist it can be

seen that the frequencies of the mode shape are generally higher in the simplified

model, which implies that the geometry simplification has either generally stiffened

the model or reduced the vibrating mass'

6l



5.3.4 Harmonic response analysis results

The similarities can also be presented via a harmonic response analysis in which

an FRF is produced for each model and then compared. A harmonic response

analysis was therefore conducted for the simplified and full model of the bracket

was also conducted. ln each case the excitation and response points were at the

free-end of the boss support as shown in Figure 15 - 13'

1

EIEUESTS

D5T5=ll

Response

Force load

Figure 5-13: Force load and response locations

Figurer 5-14 shows the FRF results of acceleration transfer function generated

from the harmonic response analysis of the simplified and full bracket model'
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- 
FE model-1

- 
FE modeLz

Figure 5-14: FRF results from two FE models

ln the FRF shown in Figure 5-14,peaks A, B and C all demonstrate good correlation

between the resonant frequencies of each model, aS was the case fOr the

comparison of the associated mode shapes in the modal analysis of section 5.3.3.

The other peaks however demonstrate a poorer correlation between the models

and compliment the observable differences in the modal analysis'

Before drawing any conclusions as to which mOdel was the superior' an

experimental verÍfication was undertaken as described in the following section'
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5.4 Experimental verification of the bracket FE

model

To verify the FE model of the bracket, the acceleration transfer functions of the

bracket were measured by means of an experimental modal analysis. The

measured frequency response curves are used to observe the natural frequencies

of the structure at the frequency range of interest as well as the structure's damping

ratio.

5.4.1 Experimental configuration

The test bracket (provided by schefenacker vision systems Australia Pty) was

mounted on a massive base through the three mounting bosses. This was not

representative of the in-service mounting condition, but was to simulate a rigidly

mounted system as modelled in the FEA. Attempting to replicate genuine

in-service conditions would add immense complications because the dynamic

behaviour of the vehicle would also need to be considered. By fixing the mounting

locations rotational and translational displacement to zero in the model, effectively

clamps the model to a rigid infinitely massive object, and so this needed to be

replicated (as far as was practical) in the testing. The bracket was therefore

bolted to a l" thick steel fixture which was in turn bolted to the solid steel bed of a

large radial drilling machine that was considered to be rigid within the frequency

range of interest. The mounting configuration is shown in Figure 5-15'

To obtain the frequency responses the testing involved the use of a Brüel & Kjær

lype S2}2impact hammer to excite the structure. There are two reasons to use a

hammer instead of the shaker. First, the verified modal testing aims to exert a

force load on the free end of the boss support of the bracket' The physical

condition of that area (having a slope of 110 degrees to the bottom plane' and

insufficient room for force transducer tip) didn't ailow for shaker excitation.

second, the mass of the bracket part is very small when compared to the plate in

the previous chapter. Therefore the added mass of a shaker armature, and force
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transducer could cause an obvious discrepancy in measurement. A hammer

exc¡tation, which applies an impulse to the structure, can avoid this'

To identify the significant and relevant structural modes of the bracket, the

frequency response function was measured at the free end of boss support

between a frequency range of 0 and 800 Hz. Therefore the excitation and

response positions were the same as used in the ANSYS simulation model (Figure

5-13). Each impact transient excited a force transducer in the hammerhead and

the amplified pulse was fed to a Hewlett Packard Dynamic Signal Analyser. To

ensure consistent data, the average result from three hits was recorded'

Frequency response data from the bracket was recorded using a Brüel & Kjær

type-4394 accelerometer, connected through a Brüel & Kjær type-2635 charge

amplifier to a HP-356654 Dynamic signal Analyser. Figure 5-16 shows the

configuration of the experiment and Table 7 lists the instruments that were used'

Figure 5-15: Test bracket mounting configuration
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Figure 5-16: Modal testing diagram by using the impact hammer

TableT:Experimentalconfigurationforthebracket

Item Description Model No. Serial No.

1 Accelerometer Brüel & Kjær, TYPe-4393 1548906

2 Charge Amplifier Brüel & Kjær, TYPe-2635 1527252

3 Dynamic Signal AnalYser HP-356654 No.2

4 lmpacted Hammer Brüel & Kjær, TYPe-8202 1444083
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5.4.2 Results

Table g shows a comparison of the natural frequencies that were predicted using

the FE models and those that were measured by means of the modal testing

experiment. As expected, only the structural modes that correspond to the

movement of the boss support are excited. By comparing the test results with

those calculated by means of FE models, it can be seen that frequency response

functions predicted using simplified FE model-2 (the simplified rnodel) agree well

with measured results except for 7th mode around 700 Hz. However, while this is

of interest in ascertaining the accuracy of the model, it is far higher than the range

of interest (as discussed in Chapter 1) for this study, where only vibration up to

100H2 is of importance. Figure 5-17 illustrates acceleration transfer function (FRF

data) from both FE models and experimental verification. As discussed previously,

the frequency range of interest for the mirror system is below 100 Hz and therefore

only the first mode around 220 Hz of the bracket may affect dynamic properties of

the mirror system in that frequency range. consequently, the simplified FE model

(model-2) is more than adequate and will be used for modelling the mirror system'

Table 8: Natural frequencies of the bracket

Mode

Natural Frequencies (Hz) Error

FE

model-l

FE

model-2
Test

FE Modell

vs. Test

FE Model2

vs. Test

1 229.79 220.87 220 +4.45% +0.40%

2 321.66 345.93 NA

3 338.79 375.17 NA

4 441.04 431.52 440 +0.24% -1.93%

5 543.89 617.88 NA

6 657.1 3 665.76 672 -2.21% -0.93%

7 692.82 796.54 697 -0.6% -14.28%
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FRF results of the bracket

-40

100 2m 3m 400 500

Frequency (Hz)
6m 780 ffi

Figure 5-17: FRF data from both FE models and experimental verification

5.5 Conclusion

In this chapter, the bracket, a part of the mirror assembly, was modelled using a

finite element approach. At the range between 0 and 800 Hz, it was discovered

that mode shapes of the FE model associated with the movement of the boss

support play an important role in the final mirror vibration. This corresponding

frequency of the mode shapes was verified through the modal testing experiment

by using impact hammer excitation. lt was found that only the first mode of the

bracket (around 220 Hzcorresponding to the boss support bending) may affect the

modes of vibration of the mirror system at the range of 0 to100 Hz'

Building a FE model of the bracket was a difficult task, because several issues

were never easy to solve. The first issue was to define the boundary condition of

the bracket, which was also the boundary of the mirror system' lt was more

practical to define a fully fixed mounting method in the model and then to replicate

this in the experiment by rigidly attaching the bracket to a massive object than to try
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and replicate the mounting conditions on a vehicle. The second was to define the

geometrical shape of the base plate and boss support of the bracket. Ribs and

fillets on the bracket were important and critical to the final results and their

influence needed to be included in the model. Two FE models were assessed to

see how these elements of the design could be simplified, without affecting the

accuracy of the model within the frequency range of interest. The first model

accurately depicted the detail (as much as was practical) while the second used flat

plate simplification of the curved ribbed region. Results from each model were

compared and significant differences were observed. However, when these

results were compared to those from the experiment and consideration was made

regarding the frequency range of interest, the simplified model was found to be an

acceptable method for representing the physical system'
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Chapter 6
FEA and Experimental Verification
of the Side-View Miruor assemblY

6.1 Introduction

ln this chapter, the procedure of building a finite element model of the entire mirror

system is described. The most significant aspect towards achieving an accurate

model was the accurate representation of the inter-connection between each part

of the mirror system. A Modal analysis and a harmonic response analysis were

performed on the model and these results were compared to the results of an

experimentally derived FRF in the frequency range of 0 to 100 Hz' Care was

taken to ensure that the measurement points in the experiment coincided with

nodes in the model.

6.2 Finite element analysis of the side'view mirror

6.2.1 FE model overview

ln chapter 4, the configuration of the physical mirror assembly has been discussed'

Figure 6-1 shows the overview of the complete mirror model, which was based on

the thin which the complex geometry and interconnections of the physical system

were replicated as accurately as possible. However, the focus of this study is on

the structure dynamic properties of the assembly, rather than the visual

representation of every physical aspect'

Therefore, any structural geometry that was perceived to have a negligible effect

on the dynamic behaviour was simplified by either the use of a more basic form, a

lumped mass or a sPring element'
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6. FEA of the mirror nnd

The contoured shape of the back case of the bracket plays an important role in

controlling the air-borne noise and vibration and is a very critical factor in the

dynamic performance of the mirror when driving. However, neither this model, nor

any experimental verification, would be exposed to genuine road conditions and so

it can be removed completely. By undertaking such evaluations of the physical

system, the laboratory conditions of the experiment and of what was considered to

be the most crucial aspects of the modelling accuracy, the FEA model shown in

Figure 6-1 was designed.

Figure 6-1: Overview of the FE model of the side-view mirror
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6.2.2 Defi n ing the i nter-connection

The assembly of the mirror system includes six main parts: a bracket, a bracket

case, an actuator holder, a back case, an actuator, and a mirror. Among these the

inter-connections between the bracket, the actuator holder, the actuator and the

glass plate were the main concern for studying the dynamic performance of the

mirror system. Care was therefore taken to ensure an accurate representation of

these connections.

6.2.gThe connection between the bracket and the

actuator holder

Figure 6-2 shows the connection between the bracket and the actuator holder'

Figure 6-2(a) and (b) show how the boss of the bracket inserts into the actuator

holder. Figure 6-2(c) and (d) reveals the detail of the connection and that the boss

is constrained by a compressed spring-block unit on one side and a key structure

on the other side after the mirror assembled'

Figure 6-3 shows the detail of the model connection between the mirror bracket

and the actuator holder. A spring-damper element (coMBlNl4) was applied

between the boss and the edge of the actuator holder. The spring properties were

measured and are listed in Table 6. To measure the spring properties, two unit

forces with opposite directions were added on each end of the spring element'

Thus, it was simulating the spring compression condition. To consider the effect

of the key structure linkage and a base plate constraint, an edge line in the area of

the actuator holder, where one spring end is located, was constrained in the

translation of y and z axis and in the rotation about the X-axis. The support from

the free end of the boss support to the bottom of the actuator horder affects the

movement of the actuator holder if the boss support is bending' Therefore' the

nodes along the edge of boss support were coupled to the bottom nodes of the

actuator holder both in X and Y axes to maintain coincident movements'
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(a) Bottom view (b) boss inserted

(c) Spring-block unit (d) After assembled

Figure 6-2: The first connection between the bracket and the actuator holder
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CHAP 6. FEA of the .side-view m and veri c.ntíon

(a) The spring, force and constraints

(b) The support from the boss support

Figure 6-3: The detail of the first connection
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6 FEA of .side-view m and verifrcation

6.2.4The connect¡on between the actuator

and the glass holder

Figure 6-4 shows the second connection between the actuator and the glass holder'

The two yellow rotors covered with rubber protrude and push into the universal

joints on the glass holder (shown broken during disassembly in the diagram)' The

glass holder is also attached to the centre of the actuator housing by ball and

socket joint. There is also a keyed rib, which locates between the two parts.

(a) The actuator and keYed rib (b) The universaljoint

(c) The ball joint (d) The socket

Figure 6-4: The second connection behind the glass plate
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FEA

Figure 6-5 illustrates the modelling of the connection between the actuator housing

and the glass holder in which a combination of element types were used. The

rotors were represented by spring-damper elements (CoMBlN14) to simulate their

tensile effects and a revolve-joint (COMBINT) to permit rotation. The central ball

and socket joint and the keyed rib structure were also simulated in the FE model'

A corresponding node on the ball and socket joint was coupled in translation and

allowed to rotate. The keyed rib structure was coupled at the corresponding

nodes and constrained to permit the up-and-down movement.

Ét Ìúârft
ÞSY5.4

(a) Top view

(bi Front view

Figure 6-5: The FE model with solutions for the second connection

/tI{

Coupled
nodes Nodes for

the spring
elements
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CHAP 6. FEA of the side-view and

6.2.5 Properties of the FE model

Table 9 lists the entire element types that are used in the FE model of the mirror

system. The selected elements were based on their characteristics (ANSYS7.O

2005) to build an appropriate FE model of the mirror assembly. ln Figure 6-6, all

of the properties of the FE model are identified. Figure 6-a(a) shows the material

property of each part on the FE model, in which material-1 is for the glass,

material-2 to materia14 arethe plastics, which are described in Table 5, Chapter 4'

Figure 6-6(b) shows the model's element type. Figure 6-6(c) shows the different

thickness property of the FE model. The regions designated a, b, c, d and e are

variables so that the thickness in this region can be adjusted. ln this region (an

intricately ribbed and filleted area, Figure 6-7) the thickness could not be measured

in the physical structure; and so the thicknesses were adjusted over an iterative

process when comparing the results of the model to the experiment, to achieve

correlation.

Table 9: Element type used in the mirror unit FE model (ANSYS7.0 2005)

Element
tvpe

Model obiects Gharacteristics

SHELL6S

Ribs, the glass Plate and

part of the actuator support

4-node elastic shell: bending capacity, ô DOFs

(Translations in X, Y and Z directions and Rotations

about the nodal x, Y and z-axes)

SHELL143

The base plate, the boss

and the boss suPPort of the

bracket

4-node plastic small strain shell: wellsuited to model

non-linear, flat or warped, thin to moderately thick

shell structure; plasticity capacity, 6 DOFs.

sollD187
The actuator, Part of the

actuator holder, the back

case and the bracket case

3-D 1O-node tetrahedral structural solid: the element

has 10 nodes; each node has 3 DOFs (Translation in

X, Y and Z directions), plasticity capacity.

coMBlNl4
The spring-keY connection

and the three actuator

f ingers

String-Damper: has longitudinal or torsional capacity

in 3-dimensional aPPlication'

COMBINT
The universal ioints of the

glass holder

Revolute Joint: 3'dimensional pin (or revolute)ioint

used to connect two parts of a model'
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AN
Material-1

Material4

Material-3

Material-2

(a) Material properties

(b) Element tyPe Properties

I
Emms
D5Y5.4

REÀL }JI'I.I

(c) Different thickness of the FE model

Figure 6-6: The properties of the FE model
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6. FEA of' side-view and

Figure 6-7: Details of the parts on the actuator holder

6.3 Modal analYsis results

Table 10 describes the first three modes of the complete mirror assembly model

below 100 Hz. The mode deformation shapes are the result of a combination of

movements about three axes (UX, UY and UZ of the Cartesian coordinates).

Table 10: The first three modes under 100 Hz

Mode
Natural

frequencies (Hz)
Description Figure

1 26.9
The boss support moves uP and

down, other parts follow this
movement.

6-8

2 46.8

The actuator and its holder move
towards right down corner, Plus the

mirror swings towards the same
direction.

6-9

3 66.7
The actuator and its holder move
back and fonruard, Plus the mirror

SWlN two axes
6-10
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L

IIODÀT SOI'JTIOTI

STEP=1
SIJB =I
FrE0=26. 90r
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DSYS=4
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Figure 6-8: The first predicted mode shape
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1
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Figure 6-9: The second predicted mode shape
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1
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Figure 6-10: The third predicted mode shape
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6.4 Harmon¡c response analysis results

ln this project, only one direction of vibrational displacement in the z-axis of the

mirror system is reviewed. This is the direction perpendicular to the mirror surface

and may be due to either translation that is orthogonat to the surface, or due to

torsion about parallel axis. This is because it is the main direction of vibration of

the mirror plate that affects the driver's perception. The swing or the torsion of the

mirror plate, caused by the movement of the socket joint, the slice key and three

actuator arms, could stir the image reflection through the side-view mirror. This

movement is evident in the second and third mode shapes from the FE model.

The excitation and response locations on the mirror plate for the FRF analysis in

the z-axis are illustrated in Figure 6-11. Another FRF was observed where an

impulse force function was applied to the rear of the model and the response also

measured at the rear of the model (Figure 6-12). Two FRFs were undertaken to

gain a better understanding of the dynamic properties of the mirror system in z-axis

Both FRF results were verified by the modal testing experiments' where the

ANSYS predicted FRFs were compared and discussed'

Figure 6-11: Front force load and response locations
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1

ELEI{E¡iIT5

D5ïË=4

Ilirror 495efiþI

Figure 6-12: Rear surface hammer impulse and response locations

6.5 Experimental verificat¡on of the complete

mirror model

To verify the FE model of the mirror system, the frequency responses of the mirror

in z-axis direction were measured by means of an experimental modal analysis'

The measured frequency response curves were used to observe the natural

frequencies and damping ratio of the structure across the frequency range of

interest (0 to 100H2).

6.5.1 Experimental configuration

The mirror assembry was mounted on a massive steer block through three

mounting bosses to simulate a rigidly fixed model. Two types of excitations for the

modal testing experiment were used: a shaker excitation method and hammer

Both of which were simulated in the model'
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Shaker excitation test

The first test was carried out using the electromagnetic shaker, which was bolted

on to an angle plate, which was in turn clamped, to a massive block (Figure

6-13(a)). A pivot was added between the shaker armature and the force

transducer to ensure that the direction of the force was applied perpendicular to the

mirror surface and that it was in agreement with the model. A force transducer

was used between the pivot and the mirror surface to measure the excitation.

This and the measurement accelerometer were attached to the mirror at

corresponding locations to the FE model of the mirror system (Figure 6-13(b))'

Figure 6-14 shows a diagram of the shaker excitation modal test configuration.

The force signals gathered from the force transducer and the acceleration signals

from the accelerometer were amplified through the power amplifier and the charge

amplifier, and then processed in the HP dynamic signal analyser'

(a) The test set-configuration (b) measurement detail

Figure 6-13: Modal testing on the Schefenacker side-view mirror'
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Figure6-14 Modaltestingdiagrambyusingtheshaker

lmpact hammer excitation test

ln the lmpact hammer excitation test the impulse was applied on rear surface of the

model. lt was believed that the contact relations between the back case and the

actuator holder, and the unique shape of the back case warranted the use of the

impact hammer excitation method. The excitation and measurement locations

were the same as those in the FE model of the mirror system. Each impact

transient excited a force transducer in the hammerhead and the amplified pulse

was fed in to a Hewlett Packard Dynamic signal Analyser to generate the FRF'

To ensure consistent data, the average result from three hits was recorded'

Frequency response data was recorded using a Brüel & Kjær type-4394

accelerometer connected through a Brüel & Kjær type-2635 charge amplifier to a

HP-35665A Dynamic signal Analyser. Figure 6-15 illustrates the diagram of the

hammer excitation modal testing. The impulse signal and acceleration of the

response were amplified by two charge amplifiers, and then processed in the

dynamic signal analyser. Table 11 lists the experimental configuration for both

modal testings.

86



CHAPTER 6 FEA of .cide-view m wor and on

r"?i
l|* lTr'0

Figure 6-15: Modal testing diagram by using the impact hammer

Table 1 1: Experimental configuration for the mirror assembly

Item Des Model No. Serial No.

1 Accelerometer Brüel & 1548906

2 ch lifier Brüel & 2635 1527252

3 ic Si nal An HP-356654 No.2

4 EI Shaker L shaker V-203 3739718

5 Force Transducer Brüel & 1 577899

6 I Hammer Brüel & 1444083

7 Power ifier Plavmaster Pro Se¡!es-9- Unit 5
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6.5.2 Results

Figure 6-16 shows the FRF results from the FE model and the shaker excitation

experiment that were measured on the mirror surface. lt can be seen in both

figures that there is a good correlation (in terms of the frequency of each mode at

4THz and 6THz) between the two experimental results and the predicted results

obtained from the numerical model. The peaks at 47Hz and 67Hz correspond to

the mode shapes where the mirror plate shows a swinging and rotational

movement, both of which are likely to affect vision. However, the first predicted

mode of the FE model, at27 Hz, could not be excited. The modal analysis results

demonstrate that this first mode of the mirror system is mainly moving in a way that

bends the boss support of the bracket. The magnitude of this displacement at the

point of accelerometer attachment is most likely too small for the sensitivity of the

measurement system in the direction that the measurement was taken.

FRF on the mirror sudace

1
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Figure 6-16: The FRF results on the mirror surface
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Figure 6-17 shows the FRF results from the model and the experiment that were

measured on the back case by using a hammer excitation method. Similarly,

there is good agreement between the model and the experimental results for the

second and third mode and once again the first mode could not be measured.

FRF on the back case

-60

-800102030 40 50 60
Frequency (Hz)

78 B0 9t 1m

Figure 6-17: The FRF results on the bake case

6,6 Conclusion

ln this chapter, the complete mirror assembly was modelled using a finite element

approach. The results included the natural frequencies and associated mode

shapes that occurred below 100 Hz and that contributed to displacement that was

perpendicular to the mirror surface. The results from an FEA model were

compared to results that were derived experimentally. The vibration at rear of the

mirror assembly was also observed to check the model accuracy of another part of

the assembly, other than the mirror surface. The comparison between the

experimentaily acquired FRFs and the modeiled resurts indicate that in that
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direction, the second mode (around 47 Hz) and the third mode (near 67 Hz) of the

mirror system were excited and that there was good correlation between the model

and the experiment. The first, less dominant, mod e at 27 Hz was not excited in

the experiment and as was explained due to the insensitivity of the measurement

system and the low acceleration levels that were produced in that particular

direction, due to that particular mode. While there were differences, consideration

should be given to the complexity of the physical system, and with this in mind, the

results were excellent. ln a physical system that comprised of some complex

linkages, multiple materials and a complicated geometry, the FRFs that did result

from the model indicate that the model is a good dynamic representation of a

physical mirror assembly and one that can be used to determine the effect of

design parameter changes on the dynamic characteristics of the assembly in a

frequency range between 0 and 100H2. The affect of such parameter changes

also referred to, as a "sensitivity Analysis" shall be evaluated in the next chapter'
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Sensitivity AnalYsis of the

Mirror Design Parameters

7.1 lntroduction

A sensitivity analysis is the study of how sensitive a system response is to a

multitude of possible design parameter changes' After an acceptable level of

confidence was achieved in predicting accuratety the dynamic properties of the

side-view minor using the finite element approach, it is possible to observe the

effect of changing the mirror design parameters by manipulating and altering the

FE model to reflect such design changes. Each parameter that may affect the

performance of a prototype (such as the geometry and materials used) can then be

individually ascertained. For the second and third modes of the FE model, which

were verified by the modal testing experiment, it is of interest to investigate the

relationship between different design parameter changes and how such changes

affect these modes. Previous literature (as discussed in chapter 2) indicates that

the vibration on the mirror is related to engine speed. so the second mode at 47

Hz should be affected by the engine speed at 2800 rpm, and the third mode near

67 Hzis about 4000 rpm of the engine speed. The vehicle commonly fitted with

this side-view mirror, a Ford Falcon AU, has an operational engine speed that

easily envelops these and is therefore likely to excite these modes to some degree'

The design parameters of the mirror system will therefore directly affect the

dynamic properties of the mirror system, such as the magnitude of the

displacement perpendicular to the mirror plate, due to vibration, which, is the main

concern of this study. Therefore, any variation of the design parameters could

either improve the dynamic characteristics by reducing the displacement that is

attributed to the amplitude of the resonant frequencies or rnay worsen the case by

reducing the frequency of other modes into our range of concern: 100H2'
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7.

T.2Modifying the mirror plate geometry

For the purposes of this study it was decided to investigate how the thickness and

size of the mirror plate affected the dynamic characteristics of the assembly.

7.2.1 The Mirror Thickness

The simplest parameter to change, the mirror plate thickness, was initially

considered because the effect of such a change would be easy to deduce' Within

the range of our interest (<100H2) it would simply be adding mass to the assembly

and be expected to reduce the resonant frequency aS a consequence' Four

thickness variations were analysed: The original 5mm thickness, a 6'5 mm

thickness (+30%), an I mm thickness (+60%) and a 10 mm thickness (+100%)'

Four response locations (A, B, c and D on FigureT-2) were selected to observe the

effect of the thickness change. Table 12 lists the first three modes and their

associated naturalfrequencies for each increase of thickness, measured at point A'

Figures 7-3 to 7-6 show the FRF plots for each of the four locations normal to the

surface of the mirror and the effect of doubling the thickness'

ñ-*xt\I7

FigureT-2:Responselocationsontheextendedmodel
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Table 12:Fhefirst three mode frequencies (measured at position A) and the effect
of increasing the thickness

FRF from the A position
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Figure 7-3: FRF at location A

80 90 10001020

Mode

Natural Frequencies

(Hz)
Change

Original
(5mm)

Thicknessl
(6.5mm)

Thickness2
(8mm)

Thickness
(10mm)

T1 vs.
o

T2 vs.
o

T3 vs.
o

1 26.901 25.814 24.848 23.714 -4.O4o/o -7.63% -11.85%

2 46.806 44.201 41.980 39.474 -5.57% -10.31% -15.66%

3 66.681 63.824 61.289 58.319 -4.28o/o -8.09% -12.54%

- 
D0uble thickness

- 
or¡ginal
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Figure 7-6: FRF at location D
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For all the incremental increases in thickness the results shown in Table 12 show,

that as expected, the frequencies of the two modes reduce. This is also evident at

each of the locations shown in Figure 7-3 through to Figure 7-6. This is because

the added thickness of the mirror is simply adding mass to the system' lts

behaving as one would expect a cantilever to behave if mass were added to its

extremity. while this is an obvious outcome, it does serve to show that the effect

of change can be easilY Predicted.

7.2.2 The Mirror Surface Area

lncreasing the surface area of a mirror may well be a likely and an attractive

proposition to a design engineer because it will increase the field of vision and

direcfly add to the functionality of the mirror. However a sensitivity analysis on this

design parameter is also anticipated to show that it will reduce the frequency of the

rower order modes since it is adding mass to the system. The effective area of the
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mirror surface is currently approxim ately 152.24cm and it was decided to observe

the effect of extending the dimensions in the longitudinal (x) direction by 2.5 cm and

in the lateral (y) direction by 1cm. The effect of each variation was observed and

then the effects of the combined area increase'

AN

X-extension

Y-extension

X and Y extensions

Figure 7-1: The different extension of the mirror area

Table 13 shows the effect of increasing the dimensions of the mirror in the X

direction, the y direction and then the combined effect of increasing in both the X

and the Y direction. The FRFs results measured at position A, B, C and D normal

to the mirror surface are illustrated from Figure 7-7 Io Figure 7-10'
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Table 13: First three mode results of various extensions

FRF of difierent exteneion rnodels
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Figure 7-7: FRF at location A

Mode

Natural frequencies (Hz) Ghange

0riginal
dimensions

2.5cm
extens¡on

inx

lcm
extension

iny

Combined
extension

x Y X&Y

1 26.901 26.079 26.453 25.580 -3.06% -1.670/o -4.91To

2 46.806 44.856 45.728 43.877 -4.17% -2.30% -6.26%

3 66.681 63.383 65.12s 61.744 '4.95o/" -2.33% -7.40%

- 
x"axis exlension

- 
y-axis extension

- 
xy-axes extenslon
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Figure 7-8: FRF at lomtion B

Figure 7-9: FRF at location C
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FRF of different extension models
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Figure 7-10: FRF at location D

Once again it is shown that the increase in size effectively adds mass to the system

and reduces the modalfrequencies in each case.

The mass can be substituted for volume x density, or area (s) x thickness (1,) x

density þ) so that:

It is obvious from this that as the either the thickness (ft) or area (s) is increased, the

frequency will reduce proportionally to their square root'
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This can be shown as follows: lt is well known that the resonance frequency is

equal to the square root of the stiffness over mass, *, = f*, and f =+, where/

is the natural and where frequency, k is the stiffness and m is the mass.

"ß"&
1 1f

- 
x-axis exlension

- 
y-axis extension

- 
xy-äxes e¡{tenslon

- 
Original
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With a constant area and only a variation in thickness, Lf is therefore proportional

1 The same is obviously true for a constant thickness, where the area isto

changed in which case A/ is directly proportional to 1

6

7.3 Conclusion of the sensitivity analysis

ln this chapter, the sensitivity of the system was discussed with respect to how

either the mirror thickness or the mirror size affects the natural frequencies that

occur below 100H2. While the examples shown are simple, their agreement with

expectations serves to demonstrate how the FEA model can be used to predict the

effect of not so simplistic design parameter changes, where the outcome is not so

intuitively obvious. Such changes may involve changing the shape of a mirror,

adding stiffness to joints or a change in the materials used in the system
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Chapter I
Conclusion and Recommendations

8.1 Conclusion

The objectíve of this project was to model a Ford Falcon side-view mirror and to

establish a high degree of confidence in its accuracy, via experimental validation,

so that the model could be used as a tool to predict the effect of design parameter

changes.

A model of the mirror was constructed using an academic version of the finite

element analysis software ANSYS, and was then verified by comparing the results

from the model to the results of frequency response functions that were measured

on a physical mirror. The complexity of the model steadily evolved in a

step-by-step approach to ensure that any discrepancies between the model and

the physical system were fully understood and not lost in a multitude of different

possible explanations. At first, to establish confidence in the fundamental aspects

of model verification, a simply supported plate was modelled and its modal results

were compared to those obtained by testing a physical system of a simply

supported plate. This helped to establish the importance of model and physical

system parameter similarities, in which it was reinforced that boundary conditions,

load excitation, geometry and measurement locations had to be as identical as

possible when comparing the physical system to the model.

The mirror bracket was then modelled using FEA software so that the boundary

conditions or mounting conditions of the mirror could be fulty understood with

confidence, prior to introducing the complexities of assembly joints and

mechanisms. Thus, the FE model of the bracket helped reduce uncertainty in the

model of the entire mirror system, and established a sound method of modelling for

other parts of the mirror system. Experimental testing of a complete mirror system

then demonstrated that the model of the complete system had an acceptable
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representation of the interconnections between each of the components that made

up the assembly.

After this, having gained sufficient confidence in the accuracy of the modelling it

was possible to conduct a sensitivity analysis in which the effect of altering design

parameters could be accurately predicted. These modifications were kept simple

and were limited to the mirror plate's thickness and its area, so that it was still

possible to deduce if the predicted changes were as expected, as they indeed

were.

ln summation this study has demonstrated that if an acceptable level of confidence

in the prediction accuracy can be achieved, by experimental validation, then finite

element analysis can be a powerful tool in predicting how design parameter

changes can affect the dynamic characteristics of a system.

8.2 Recommendations

Although there was a good agreement between the FE model of the mirror system

and the physical system, the verification method was only concerned with one axis

of vibration. A more thorough investigation in which all three axes are considered

may be more revealing, but for the scope of this project it was not possible due to

measurement limitations. Measurement of the vibration and exciting the system in

some instances was extremely difficult due to the geometry of the mirror. Use of a

scanning laser vibrometer (a non contact measurement method) in future studies

may therefore alleviate this problem.

The boundary condition of the experiment was aimed to simulate a fully fixed mirror

system model by mounting it on a massive steel block. While this was a good

idea it was not ideal. An ideal model would include the dynamic behaviour of the

automobile itself because it is most likely that certain regions of the frequency

spectrum would be excited more than others and so resonant frequencies of the

system would be less desirable in some frequency regions than others. However,
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the academic version of the software that was used was limited in the number of

available elements and so such a comprehensive model was not possible.

Wang (1ggg) demonstrated that righlhand and left-hand side-view mirrors behave

differently to engine-induced vibration and so the possibility of simulating the actual

environment should be considered'
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Appendix-A
Basic theory of finite element analysis

Discussed in Hutton (2003)'s book, Finite element analysis (FEA) is a matrix form

of structural analysis, and can be used to determine the stress, strain and motion of

the structure.

What is the stress? Stress is appeared when a force applied on the area of a

structure. When a structure acts on an external point force or distributed load, the

inner stresses of the body are the results of external force either acts on the surface

area (surface forces), or acts through the body volume (body forces). Under the

force influence, the structure will deform and be measured in terms of strain. ln a

Cartesian system, a single unit has three axis of strain; each axis has one normal

strain and one shear strain. The normal strain is defined as the unit elongation of

the body at a point in a direction of three coordinate axes. The shear stain

measures the distortion of the angle between the various planes. ln a Cartesian

coordinate system, the stress-strain relationship is given below by e.g. Hooke's

law:

o_ o, o.s,.= = -u -l)-^EEE
o., o, o..

€ -'l) " -'L) ^,EEE
o- o- out,----u '' -u '

'EEE

1/txy
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T", = -ÃT 

^(t

î,

îr"

I
G
1

G

where e, o is the normal strain and normal stress; y, r is the shear strain and shear

stress; E is the modulus of elasticity (or Young's modulus); v is the Poisson's ratio;

and G is the modulus of rigidity. lt can be rewritten in a matrix form:

a(x, !, z) - Ce(x,Y, z)
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Annendix

When the frequency of the excitation applied to a structure is higher than about

one-third of the structure's lowest natural frequency of vibration or if the structure

vibrates freely, then inertia becomes important and the mass effect and the

damping effect should be taken into account of the finite element formulation.

ln order to work out stiffness matrixK", it is prior to obtain the potential energy.

The potential energy, fI , is expressed as internal strain energy, U, deducted

efernal work, V. The total strain energy of the continuum, U, is defined as the

volume integral:

It also can be expressed by a function of displacement:

Br -C . B.õ(x,y,z)dv

The external work is exPressed as:

dVu=;$,, "

v - IIO?'-,!,2)' 't(x,y,z)ds, +
sl

u =tÏl¿r.,!,')'

nf

>,@i f,),
i=l

where:

õ(x,y,z) is the exact displacement function on the surface s1,

t(x,y,z) is the vector of surface traction,

-f, is the ith external force vector,

di is the displacement vector at the location where I is applied, and
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Annendix

n1 is the number of external applied forces

So, as fI = U - V, the function of fI is obtained. When the continuum is divided

into elements, the total potential energy becomes the sum of the individual energy

of each element. The exact displacement function õ(x,y,z) across the element

is approximate as the interpolation between the node displacements:

ô 
"(",y,2) = N(x,!,2)õ".

Differentiating the potential energy function respect to { , and making Yr" = O" aõ"

grves:

K".õ" = f" + fjtt", !,2)' .t(x,y,z)dsí

^t

Where

V"

The inertial work done by a virtual displacement is given

K"= Jþ{", !,2)' .Br .C.B'N(x,y,z)dv'

e

and that by the viscous force is given:

ï|"

III"ou: € !,ar
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Annendix

Therefore, the mass matrix and viscous damping matrix can be found:

+ K"6" = .f" *ljtt", !,2)' t(x,y,z)dsf
sl

M, = Ifi"r.N(x, !,2)' 'N(x,y,z)dv

c" = Ï|""É.N(r, y,z)' .N(r, y,z)dv

where
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Annendix

Appendix-B:
Theoretical calculation of natural frequency of the plate

Junger and Feit (1986) discussed the mathematical calculations of natural

frequencies of different shapes of the plate under various boundary conditions'

For a simply supported rectangular plate, the boundary condition is along its entire

periphery, of dimensions Lx and Ly, in the x and y directions respectively. The

boundary requires the calculations of the displacement w and the bending moment

that vanishes along the plate's boundaries. For a rectangular plate, the bending

moments M,and M y are related to the displacement by the formula

M

M

The boundary conditions become

Y= O,LY,

The eigenfunctions for the simply supported plate:

, \ ðt al(x, y)
w\x,y) =-ã, :

w(x,y)=4P=0,

w*n(x, Y) = W^ns¡*f sn
L" Ly'

0 x= 0, Lx, (1)

(2)

rr= l, 2,3..., fl= 1,2, 3...,

which satisfy the boundary conditions given by equations (1) and (2).

The equation determining the free vibrations of a plate with p, (x,y,t) = 0:

t12



Each of the functions w,, will satisfy equation (3) for the frequency:

"(#*#.#)-p,hú)zw-o'
(3)

The frequencies are the natural frequencies'
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Annendix

Appendix-C
Structural damp¡ng in ANSYS

Damping results introduce the energy loss in the dynamic system, in which the

amplitude of result of motion decays. Damping is considered for single or multiple

DOF systems, also depends on the harmonic or general oscillations. Damping

has severalforms, such as structural, viscous or Coulomb (lmaoka 2000)'

ln FEA there are two different coordinate systems, nodal coordinates and

generalized coordinates. Nodat coordinate is used in ANSYS as the full method,

where the displacements at each node are solved for, such as in the basic

equation:

{F}=[M]{ i }+[c]{ * 1+[K]{x}

[C] is damping parameter to define the damping

Generalized coordinafe is used in FEA, where the response assumed to be

comprised of a linear combination of the eigenvectors of the system (known as

mode-superposition method). Hence, the use of generalized coordinates

performing a modal analysis first to obtain n number of mode shapes

(eigenvectors). Then, the response {x} is assumed to be a linear combination of

the n number of mode shapes {0} bV solving for the mode coefficients y:

{F}=[M]{ ; }+[C]{ ; }+[K]{x}

{"} = Z{Q,}v,
n

í=7

{ø,}' {F } : {ø,}' lMl {Q,\ {, ,} + {ø,}' lcl {Ø {i', ,} + {ø,}' lKl {Q} {v '}
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Annendix

Due to the use of undamped eigenvectors and modal damping only, the equations

are uncoupled and simPlified as:

{ø,}'{t'} = {r,} + Zat,€,{i,} + ,ú {y,}

Damping is specified through a dimensionless parameter, the critical dampíng

ratio(, which is actual damping over critical dampingc I c,, -

As it is known that physical damping behaviour is quite complicated, all the

mathematical representation tends to be simplified. The damping in this project is

the structural damping (also known as solid damping) is due to internal friction of

the material or of entire system. The former is a characteristic of the material; the

latter is due to energy loss at structural joints. Structural damping is usually

assumed to be constant with respect to frequency'
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