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Abstract

Carbon dioxide (CO,) is a natural substance and an environmentally benign, safe and economical
refrigerant that can be used for cooling and heating systems. Unlike a traditional reversible heat pump
system that only works either in heating or cooling, the air-to-air transcritical CO;, heat pump system
reported in this paper is capable of providing simultaneous space heating and cooling through an Air
Handling Unit (AHU) at any time. The system with cooling and heating capacities of 210 kW and 110 kW,
respectively, was installed in a cinema complex in South Australia, and continuously operated from
September to November in 2020. In this paper, the detailed configuration of the CO; heat pump system
with parallel compression is described. A complete system layout, comprising of cooling, heating and
shared circuits, is revealed for the first time. A mathematical model based on highly efficient Bitzer
compressors has also been developed in this study. The experimental data recorded in an entire heating
period of approximately one hour has been utilised for model validation and analysis. Through the
validation, the simulated power consumption for the compressors with Variable Speed Drive (VSD) and
Fixed Speed Drive (FSD) has been compared to the experimental data with acceptable agreements. The
simulated discharge temperatures agree with the actual temperatures measured within 10%. Moreover, the
latest system performance from September to November has been evaluated based on the heating and
cooling loads and combined COPs. It was found that the combined COP was relatively stable at around 3
regardless of climate conditions.

Keywords: transcritical CO system. air-to-air heat pump; simultaneous heating and cooling; mathematical
model.
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Abbreviations
AHU

CFC

CoP

FG

Helmholtz Energy

specific heat capacity, kJ/kg.K

diameter of the bore inside the cylinder, m
enthalpy, kJ/kg

length of the stroke inside the cyliner, m
mass flow rate, kg/s

numbers of the cylinders

rotation speed of the crankshaft, revolutions per

minute, rpm

pressure, bar

heating power, kW

compresssion ratio

temperature, °C

temperature difference, K or °C
volumetric flow rate, m3 /s

displacement rate of the compressor, m%/ s
volume swept by the piston, m?
compression work, kW

vapour mass fraction

efficiency
volumetric efficiency of a CO, compressor
specific volume, m3/kg

density, kg /m3

Air Handling Unit
Chlorofluorocarbon
Coefficient of Performance

Flash-Gas

FSD
GWP
HCFC
HFC
ODP
RPM
sCO;

VSD

Subscripts
aux
cool
comp
dem
dis
ev

ex
gas
heat

i

in
isentr
lat
long
MT
out
suc
super

1to 10

Fixed Speed Drive

Global Warming Potential
Hydrochlorofluorocarbon
Hydrofluorocarbons
Ozone Depletion Potential
Revolution Per Minute

Supercritical CO;

Variable Speed Drive

auxiliary

cooling

compressor

demand

discharge
evaporation
expansion

gas cooler

heating

numbers of compressors
inlet

isentropic

latitude

longitude

Medium Temperature
outlet

suction

superheat

refrigerants states
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1. Introduction

Over the past few decades, environmental problems (such as greenhouse effect and ozonosphere
depletion) have deteriorated in-part due to the serious impacts of synthetic refrigerants (e.g. HFC, HCFC
and CFC) M. A variety of natural refrigerants, therefore, have been considered to replace synthetic
chemicals in systems for the purposes of air-conditioning, refrigeration and heat pump 2. Carbon dioxide
(COy), also known as R744, is one of the natural substances, which can provide a competitive energy
performance with appropriate design BI. CO; is an environmentally benign, safe and economical refrigerant
used for heat pump systems. In terms of environmental sustainability, CO, is a more promising refrigerant
compared with the other five common natural refrigerants (propane, butane, iso-butane, propylene and
ammonia). CO2 has an ODP of zero and GWP of one which is only inferior to ammonia . However, the
safety factor also needs to be considered when considering selection, i.e. CO; is non-explosive and non-
toxic but ammonia is both poisonous and flammable Bl. Additionally, the price of CO- refrigerant per unit
mass is around three times cheaper than HFC blends (R404A and R407A), according to the latest NCI
report [,

The conventional (or subcritical) CO; refrigeration system was first developed in 1850 [, The
thermodynamic cycle described in Fig. 1 operates below the critical point of CO,, i.e. 73.8 bar and 31.1 °C.
In a subcritical CO; cycle, there is a phase change during the condensation (from state 2’ to 3) and the
discharge temperature post-compression normally is lower than 80 °C & 9 Therefore, the amount of
rejection heat from CO; is significantly low in a subcritical cycle, which leads to low heat capacity and
relatively low heating efficiency 1. The transcritical CO. cycle is then introduced, in which the gas cooling
process (or condensation) occurs beyond the critical pressure, in order to deliver a higher heat rejection
enthalpy %, as shown in Fig. 2. In a transcritical condition, heat rejected from the gas cooling process can
be utilized for various heating applications, e.g. water heating, space heating, dehumidifying, and food
processing [ 31 In regards to the transcritical CO, heat pump water heater, it has been investigated by
many researchers for various purposes of potable water heating 114161 sanitary water heating 7, general
water heating ©8 °1 and high-temperature water heating %, Also, CO, heat pump systems with the
combinations of water heating and space heating have been developed and investigated by some researchers
21231 Additionally, a prototype of a transcritical CO, heat pump dryer with operating temperatures between
-20°C and 90°C, and the upper-pressure limit of 130 bar, was developed and utilised for drying different
material products 24,

Figure 1 The P-h cycle of a conventional CO. system
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Figure 2 The P-h cycle of a transcritical CO, system

A wealth of research has focused on heat pump systems for simultaneous heating and cooling using
HFC and natural refrigerants, due to the main advantages of energy input reductions and capital cost savings
25,261 The majority of existing systems still need to heat or chill the water through heating or cooling coils
first, and then the water can be utilised for multiple purposes. A transcritical CO; heat pump in a dairy plant,
which was capable of providing warm and chilled water simultaneously has been studied by Sarkar et al.
271 Water at room temperature was supplied as the heat exchange fluid during the gas cooling and
evaporation processes, in which the warm water at the gas cooler outlet was maintained at 73 °C and the
chilled water was around 4°C at the evaporator outlet. It should be noted that the correlations of the
volumetric efficiency and isentropic efficiency estimated from Ortiz et al. were employed to describe the
performance of the semi-hermetic compressor in the system [?8. Another heat pump system using two
refrigerants (HFC R407C and CO-) for simultaneous space heating and cooling, which was designed for
office buildings, hotels, and dwellings has been investigated by Byrne et al . Water in two tanks were
chilled and heated through the evaporator and the condenser (or the gas cooler), respectively, which was
then used to chill and heat the air for space cooling and heating. The annual simulation revealed that CO,
is more advantageous in a heat pump system for a larger temperature glide and a larger heat capacity.
Another similar study focusing on a low-energy building, office building and retail store has been
investigated in 2013 B9, Three refrigerants, i.e. R407C, R290 and HFO1234yf, were selected for this
comparative study. It was found that the system with R290 showed the best seasonal energetic performance.
In another study, it was also suggested that small fan-coil units are normally required for space heating and
cooling in the case of water B,

In terms of air-to-air heat pump systems, Zhang et al. had reported an application using the refrigerant
R22 to provide heating in the coldest place of China 2. An ejector expansion transcritical CO, system has
been developed and studied experimentally by Liu et al. 1. Based on the performance analysis of a CO,
rooftop system with an internal heat exchanger conducted by Calabrese et al 4, it was concluded that the
heating COP was less than or equal to that of the system with HFC when the air temperature at the gas
cooler inlet is higher than 16°C. However, there are few studies in the literature investigating the daily
combined performance of air-to-air CO. heat pumps for simultaneous heating and cooling with long-term
operation. In other words, even the heating performance with CO, was known to have a relatively poor
COP. The combined performance (including heating and cooling) for an air-to-air CO; heat pump is an area
with limited research.

In this study, unlike a traditional reversible heat pump system that only works either in heating or
cooling or requires the water loop, the proposed air-to-air CO, heat pump is capable of providing
simultaneous space heating and cooling directly through the AHU at any time. The detailed configuration
of a CO, heat pump system with parallel compression is reported. It presents the CO, system layout
designed for simultaneous space heating and cooling in a cinema. A validated mathematical model with
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120  highly efficient Bitzer compressors is developed and discussed. Additionally, system performance on
121 simultaneous heating and cooling over three months of operation is compared, analysed and evaluated.
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2. Configuration Description

The CO; heat pump system with parallel compression, as shown in Fig. 3, is able to provide three
modes across four seasons, i.e. heating only, cooling only and simultaneous heating and cooling. The
cooling and heating capacities designed for the system are 210 kW and 110 kW respectively. The whole
system is comprised of several components with the consideration of heating and cooling loads required in
the cinema, e.g. four compressors, a gas cooler (or an evaporator), a liquid receiver, and different types of
valves. In the CO; system (see Fig.3(a)), three compressors operate in a row within the medium-temperature
cycle, in which compressor 1 runs with variable speed drive (VSD) depending on the heating or cooling
demand required, while compressor 2 and/or 3 operate with fixed speed drive (FSD). The auxiliary
compressor 4 in the parallel cycle also runs with VSD. The gas cooler (or an evaporator) shown in Fig.3(b)
is a finned-tube heat exchanger with fans, which uses the ambient air to cool down or heat up the refrigerant,
releasing the heat during the gas cooling and absorbing the heat during the evaporation. As shown in the
figure, the gas cooler inlets and gas return lines are active when the device operates as a gas cooler, while
the liquid lines and suctions lines (which are invisible as they were piped inside the device) are active when
the device operates as an evaporator. The gas return lines are not insulated as the temperature of gas cooler
outlet is similar as the ambient temperature (that is, approximately 25 °C). The liquid receiver is used to
separate the mixture of CO; liquid and vapour after the throttling process, that is, the saturated vapour will
return back to the auxiliary compressor 4 while the saturated liquid will be operated for further expansion.
The function of the oil separator is to filter the lubricant oil from the hot gas and then return it back to the
oil reservoirs of the compressors. Additionally, both the liquid line filter drier and the suction line filter are
utilised for dust and removal of acids.

In terms of different valves in the system, the three-way valve is used to allocate the refrigerant mass
flow rate delivering for heating and cooling post-compression, depending on signals from room thermostats.
The other function of the three-way valve is to bypass redundant heat through the gas cooler, in order to
maintain the discharge pressure not overly high. The function of the flash gas bypass valve is to circulate
the pure saturated vapour back to the auxiliary compressor 4 after the vapour-liquid separation. When the
refrigerant is at a high-pressurised environment, both the non-return valve and the high-pressure ball valve
are combined to direct and control the flow. In addition, a pressure relief valve and the pressure transducer
are installed as safety measures.
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3. System Layout & Thermodynamics Cycles

The detailed CO; system layout for providing heating and cooling in a cinema is shown in Fig.4. The
red line is a fluid circuit when it is active in the heating mode, the blue line is a circuit when it is active in
the cooling mode, and the black circuit is a shared circuit for dual modes. The system is able to supply
either cooling or heating to all three theatres and one foyer, while the project room only provides cooling
at all times. Regarding the valves described in Table 1, the expansion valves (V1, V2, V3, V4 and V9) are
opened only for cooling, while two-way ball valves (V5, V6, V7 and V8) are turned on only for heating.
Another two electronic expansion valves (V10 and V11) are used to drop the fluid pressure during the
throttling process, i.e. V10 is turned on when the cooling demand is lower than the heating demand and
V11 is switched on when the fluid temperature is lower than the setting temperature. Additionally, the main
temperature sensors are also displayed in the Figure.

The CO; system with parallel compression which can run to provide simultaneous heating and cooling
in a cinema involves four major processes, as described in the following paragraphs. It should be noted that
the states pointed out in Fig.4 are consistent with those in the P-h diagram, as shown in Fig.5.

1. Medium-temperature compressors (compressors 1 to 3) operate with a parallel compressor
(compressor 4) to heat up CO- vapour to a supercritical state, i.e. state 5.

2. Dueto athree-way valve (V12) post-compression, there are three possibilities for the refrigerant CO,
flowing afterwards, i.e. all refrigerant into the cooling circuit, all refrigerant into the heating circuit,
and all refrigerant being separated into two circuits. In the heating circuit, hot sSCO. will be utilised
for space heating through heating coils, which indicates the movement from state 5 to 6. In the
cooling circuit, sCO, will pass through the gas cooler for releasing the heat, which is from state 5 to
6.

3. After the heat rejection process, the CO; fluid from the cooling circuit and/or heating circuit gathers,
followed by a throttling process from state 6 (or 6”) to 7 via an expansion valve V11. There is a
mixture of vapour and liquid entering the liquid receiver, in which two phases of CO; is separated
physically. Then, the saturated CO, vapour coming out of the receiver passes through a flash gas
bypass valve to reach compressor 4, which implies the process from state 7 to 3. Concurrently, the
amount of saturated liquid separated from the mixture flows out of the receiver, and then passes
through the liquid line filter drier, which indicates the movement from state 7 to 8.

4. In terms of the heat injection process, there are two situations involved, i.e. space cooling and
absorbing heat from ambient air through the evaporator. When it is for space cooling, the saturated
fluid will go through the expansion valve (V1, V2, V3, V4 or V9) to drop the pressure first (from
state 8 to 9) and then to provide cooling through cooling coils, which is from state 9 to 10. When the
heat is absorbed through the evaporator, the fluid will drop the pressure via the expansion valve V10
first (from state 8 to 9°) and then inject the heat from ambient air through the evaporator (from state
9’ to 10). It should be noted that when the system is used for simultaneous heating and cooling, V10
will be turned on automatically once the cooling demand is lower than or equal to the heating demand.
As the project room is only provided cooling at all times, the function of the Evaporator Pressure
Regulator (EPR) is to maintain a constant suction pressure during the evaporation process.
Eventually, the suction line filter is used to filter and superheat the suction gas, in order to avoid the
liquid strikes for the compressors, i.e. the process from state 10 to 1.
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Figure 4 Full schematic layout of the transcritical CO; heat pump system installed in the cinema
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Table 1. The description of valves used in the system
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Figure 5 The P-h diagram of CO; system with parallel compression
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4. Mathematical Modelling
4.1 Model assumptions

The mathematical model of four main components for the transcritical CO, heat pump system has been
developed. Several assumptions have been made, which include:

The system operates at a steady state.

The compression work is an adiabatic but not isentropic process.

Pressure drop during the gas cooling process is negligible.

Heat loss due to friction between the refrigerant and pipe is negligible.

All pipes are well-insulated, so heat leakage or loss inside the pipes is negligible.

Potential and kinetic energy changes throughout the system are negligible.

The process in the expansion valves is isenthalpic.

The evaporation temperature (T, ), gas cooler outlet temperature (Tgqs ou¢), discharge pressure

(Pgis) and suction gas superheat (ATgy,,¢) are given as required.

Nk~ E

4.2 CO2 compressor model

The mass flow rate of a single semi-hermetic reciprocating compressor can be defined as:

) N XV
Meomp = ;sucs 1)

where 7, is the volumetric efficiency of the compressor, vy, is the specific volume of CO, at the
compressor suction state, which depends on the suction gas superheat AT, and the evaporation
temperature T, and V; is the displacement rate of the compressor which can be calculated from:

_ VsweptXN
V = Zwetd (2)

where N is the rotation speed of the crankshaft and V., is the volume swept by the piston inside the
cylinder, which can be written as:
Vowept =7 X DZ X Lxn (3)

where D is the diameter of the bore inside a cylinder, L is the length of the stroke inside a cylinder, and n
is the numbers of the cylinders in the compressor.

In terms of the compressor performance, the compression ratio is defined as the discharge pressure (Py;s)
over the suction pressure (P;,), thatis:

= Ldis 4)

PS'LLC

In this study, the volumetric efficiency for a semi-hermetic compressor manufactured from Bitzer can be
estimated with the function of compression ratio £, of which correlation is:

7y = 1.1785 — 0.1755 X r + 0.0152 X r2 (5)

The isentropic efficiency of a Bitzer compressor can be described based on real performance data, which
is:

Nisentr = —161.48 + 413.74r — 438.47r% + 247.0973 — 78.081r* + 13.117r° — 0.9157°
(6)

Therefore, the energy required for compression work can be calculated from:

_ mcomp(hdis,isentr_hsuc)
VVcomp - (7)

Nisentr
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where hg;s isentr 1S @ Specific enthalpy at the discharge state during an isentropic compression process and
hgyc 1S the specific enthalpy at the compressor suction state.

Then, the enthalpy at the discharge state post-compression can be calculated from:

WCOm
hais = hsye + L (8)

Mcomp

For a single compressor, the discharge temperature T,;; can be worked out once the enthalpy and pressure
at the discharge state have been known. The equations with constants for calculating the CO; property has
been derived by Huang et al. B8l The simple correlations among pressure, temperature and enthalpy have
been defined by Span and Wagner B

h(T ,P) =A—T (0A/0T ), —v(0A/dv)¢ 9)
where A is the Helmholtz energy and v is the specific volume.

Finally, the total amount of energy required to drive multiple compressors in the system can be described
as follows:

Wiotar = 21 Wcomp_i (10)
where i is the numbers of the CO, compressors used in the system.
4.3 CO2 gas cooler model

As multiple compressors will be utilized for parallel compression in a proposed system, the total mass flow
rate during the gas cooling process will be:

mgas = ?mcomp_i (11)

The gas cooler inlet temperature at state 5, i.e. the discharge temperature after stream mixing in Fig.5, can
be calculated from:

T5 — Ty mcomp_1+T2 (mcomp_z"'"'mcomp_i) (12)

mgas
where T, is the discharge temperature in an auxiliary circuit and T, is the discharge temperature in a
medium-temperature circuit.

Due to the fact that heating coils are utilised for space heating in the proposed system, the heat capacity
generated during the gas cooling process can be described as:

Qheat = mgas(l —a) X (hs — hg) (13)

where hs and hg are the enthalpies at the inlet and outlet of the gas cooler, respectively, which can be
determined based on Ts, Tg and Py;, via Eq. (9) and « is a volume percentage of the refrigerant allocated
for rejecting the heat through the gas cooler, which is controlled by the three-way valve.

Finally, the heating COP can be defined as the ratio of heat capacity over the compression work, which is
as follows:

Q ea
COPpeqr = —heat (14)

Wiotal

4.4 CO2 evaporator model

As the process in the expansion valve is isenthalpic, there is no energy lost during the process (i.e.
hexp in = hexp our )- 1N the proposed system, the throttling processes from state 6 to 7 and from state 8
to 9 can be written as follows:
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he = hy (15)
hg = hg (16)

where hg and hg are the enthalpies at the expansion valves inlet, while k-, and hq are the enthalpies at the
expansion valves outlet.

During the liquid-vapour separation process, the mass fraction of CO- vapour returning back to the auxiliary
compressor can be calculated from:

_hs—hs
" hz—hg (17)

Therefore, the liquid collected in the receiver after a further throttling process will provide a cooling effect
in rooms (i.e. from state 9 to 10), of which cooling capacity can be described as:

Qcool = (mgas - mev) X (1 - x)(hlo - h9) (18)

where m,,, is the mass flow rate of refrigerant passing through the evaporator, which can be calculated from
the equation below:

M. = Vair_ev XPairxCPair (Tout_air —Tambient) (19)
ev hl(] _h9

where V;, o is the volumetric flow rate of air based on the fan speed of the evaporator, p;, is the density
of the air, Cpg;, is the specific heat capacity of air, Ty, 4 IS the outlet air temperature of the evaporator,
and Tympient 1S the ambient temperature or the inlet air temperature of the evaporator.

Finally, the cooling COP for the parallel compression cycle is given by:

COPcpo; = Seool (20)

Witotal

For a simultaneous heating and cooling system, the total COP can be calculated as:

COProtqr = COPcoor + COPpegs (21)

4.5 Air-handling unit model

The heating and cooling loads in each space (Qneqat qir aNd Qcoo1 qir) through the AHU can be calculated
as:

Qheat_air = Vair_AHU X Pair X Cpair(Tsupply_air - Treturn_air) (22)

Qcool_air = Vair_aHU X Pair X Cpair (Treturn_air - Tsupply_air) (23)

where V,;, is the volumetric flow rate of air through the air-handling unit, and Tyeyrn qir and Tsupply air
are the air return temperature and air supply temperature, respectively.
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5. Validation

The mathematical model has been validated by comparing the predicted compressor power
consumption, discharge temperatures and heat capacity with measured data from the transcritical CO; heat
pump system installed at the cinema. The experimental data recorded every 30 seconds for the entire heating
period from 9.07 am to 9.51 am on 12" September of 2020 are reported in the Appendix, where compressor
power consumption, temperatures and pressure in the suction and discharge states are listed in Part A, while
air supply and return temperatures , on/off signals (1 for on and 0 for off) and three-way valve positions are
displayed in Part B.

During the data collections period of September to November, two compressors were operating in a
medium-temperature cycle, i.e. compressor 1 operated from the beginning to the end while compressor 2
joined from the middle of the time depending on the simultaneous changes in heat load. The type of the
compressor used in the system was 4HTE-20K, which is a semi-hermetic reciprocating compressor
manufactured by Bitzer. Some technical data for the compressor at 50Hz is given as the revolution speed
is 1450 RPM and the cylinder dimension is 4 x 34mm x 38mm. Compressor 1 operated with the VSD
ranging from 30 to 60 Hz, while compressor 2 operated with a FSD of 50 Hz. The discharge pressure
increased gradually from 53.32 bar to 84.5 bar during the period. The power consumption for a compressor
changed with conditions at the suction and discharge states (Tsyc, Psycy Vsuc and Pyis).
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Figure 6 Predicted and measured power consumption for the compressor with VSD

The predicted and actual power consumptions for compressor 1 with VVSD and compressor 2 with FSD
are displayed in Fig.6 and Fig.7 respectively, and the error analysis for these two compressors is displayed
in Fig.8. In terms of the compressor with VSD, the results show an acceptable agreement with most errors
within £10%. But the simulation has the highest errors when the system is warming up, i.e. the actual power
consumption is below 6 kW. However, for the FSD compressor, the difference between the predicted
power and the actual power is within £5%, which is more accurate than that of the compressor with the
VSD. It can be explained that compressor 1 with the inverters adjusted the frequency constantly based on
the local cooling or heating demand, while compressor 2 always ran at a fixed frequency. Overall, the
simulation can predict the power consumption for both FSD and VSD compressors with reasonable
uncertainties.
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The predicted discharge temperatures and the measured coil inlet temperatures have been compared,
as described in Fig. 9. It shows that the predicted results are always higher than the actual ones with the
error less than 10%; even the highest errors occur when the system is warming up in the first few minutes.
Theoretically, the discharge temperature post-compression is supposed to be the same as the coil inlet
temperature. However, in practice, the heating coils are installed a certain distance apart from the
compressor, so it will have some energy losses during the sCO- transportation process when the ambient
condition is cold, even with the pipes around the heating coils have been relatively well-insulated I,
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Figure 9 Error analysis of the discharge temperature

Fig.10 displays the predicted heat capacity generated from CO; and the actual amount of heat utilised
for space heating through the AHU. Several factors have been considered to calculate the heat capacity
generated from CO,, i.e. the calculated mass flow rates, measured inlet and outlet temperatures of the
heating coils and the three-way valve positions. The required total heat load is calculated depending on the
measured temperatures in each room, i.e. air return and supply temperatures. The air volumetric flow rates
for the AHU were measured as 3.17 m¥/s for all the rooms. Some other properties assumed include the
density of air is 1.225 kg/ m® and the specific heat of air is 1.005 kJ/kg.°C.

As can be seen from the Figure, two curves show a similar trend from 9.14 am to 9.27 am with the
error from -2.1% to 18.2%, while there is a big difference between two results during the warming up and
the period after 9.27 am. It can be defined that full load indicates that all the rooms are provided heating
(except the project room), while full capacity implies that total amount of sCO- post-compression entering
to the heating circuit but not any fluid passing through the gas cooler (i.e. the three-way valve position is
0%). It can be found that the heat capacity far exceeds the heat demand, when some rooms require no
heating between 9.27 am and 9.38 am. However, there were several mismatches between the simulated heat
capacity and actual heat load after 9.38 am, when the system is only provided partial heat capacity due to
the control of the three-way valve.
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Figure 10 Predicted CO> heat capacity Vs. measured air heat load

Fig. 11 shows the error distribution between the CO; heat capacity and air heat load. It can be seen
that the majority of errors are within the range from -20% to +20%, while the other errors are still very
large. The heat capacity can only be verified when the system is at full capacity and full load. The three-
way valve in this system did not operate as well as designed. Ideally, the three-way valve was considered
to change the valve position consistently and promptly (i.e. to control the mass flow rate in the heating
circuit), in order to make the generated heat capacity always meet the needs of the heat loads. However, in
practice, the valve positioning takes time during the partial load. The delayed response to the variation of
the heat load resulted in an abnormal heating process (e.g. from 9.39 am to 9.44 am in Fig. 10) and led to a
significant error being predicted by the model, while the factor of delay-time is not accounted for in the
simulation.
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Figure 11 Error analysis for CO; heat capacity and air heat load

In addition, cooling capacity is not validated based on the actual cooling loads provided to the project
room in the dominant heating mode, as some amount of heat can be absorbed from ambient air through the
evaporator but the outlet air temperatures were not measured at that time. Alternatively, the cooling capacity
can be validated in the dominant cooling mode, in which the cooling capacity will be equivalent to the total
cooling loads provided to all the rooms.
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6. Performance Overview

The complete CO, system with AHU was set up and came into operation in a cinema at Mount
Gambier, South Australia (Lat.: 37.83°S, Long.: 140.78°E) since September 2020. The latest results on the
system performance over the past three months has been recorded and utilised for comparison. September,
October and November in spring are three transition months in Mount Gambier, in which the morning and
evening temperatures are as low as that in winter while the daytime high-temperatures can be as high as in
summer B9, 1t is possible for a system to provide both heating and cooling throughout the same day, with
the variation of ambient temperatures. It should be noted that the days without heating or cooling loads are
the closed days of the cinema, e.g. 7%, 14™ and 21% of September.

Actual heating & cooling loads and ambient weather conditions (i.e. maximum and minimum ambient
temperatures) on a daily basis are shown in Fig. 12 101, It can be seen that September had most of the days
with dominant heat loads, while November had several days with dominant cooling loads. There is little
difference between daily heating and cooling loads in October, due to small ambient temperature
differences. Statistically, the daily energy consumption for heating and cooling in these three months are
calculated as 184.97 kWhpeat and 140.12 kWheoo in September, 123.49 kWhiear and 140.75 kWheeor in
October, and 32.19 kWhnear and 169.97 kWheoo in November. It can be explained that the energy
consumption for heating and cooling are affected not only by the real ambient temperatures but also it
depends on the actual operating time of heating and cooling in each room. Due to the cold weather in
September and October, all three theatres and the foyer were provided space heating for most of the time,
except that Theatre 3 and foyer were provided space cooling on the 19" and 20" of September and all three
theatres and foyer were supplied cooling on the 2" and 3" of October. It should be noted that the project
room is only provided cooling and the AHU runs as long as the system is on. Moreover, the dominant
demand for most of the days in November is for cooling which is due to warm weather conditions.
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Figure 12 Daily cooling and heat loads of the CO. heat pump from September to November
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In terms of daily combined COPs from September to November, as shown in Fig. 13, the average COP
is around 3.27. It can be concluded that the system COP is relatively stable at around 3 regardless of the
real weather conditions, which can be used to demonstrate the advantages of the simultaneous heating and
cooling systems. The variation of the COPs is relative to the compressor power consumption and useful
loads for space heating and cooling based on the actual demands.
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Figure 13 Daily system efficiency of the CO. heat pump from September to November

The performance of the CO, system has been compared with those of a system using HFC (R407)
conducted by Byrne et al 281, The heating only mode in the CO, system indicates a situation when three
theatres and one foyer are only provided heating within a day, as the project room is only provided cooling
at all time. The other two COPs, i.e. COP in cooling only mode and combined COP in simultaneous heating
and cooling mode, are also included. The average COPs for both two systems have been used for
comparison, as shown in Fig.14.

OHFC (R407) M CO2
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7.00 6.81
6.00
5.00
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SR 3.31 3.27
. 2.67[M) ]
0 1.99 § %
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Figure 14 COP comparison between the HFC system and the CO; system
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Based on the current status, the HFC system with water tanks outperforms the air-to-air CO, system in
the simultaneous mode and heating only mode. The cooling COP from the CO; system is higher. It can be
explained that the HFC system stores the majority of rejection heat during the condensation by using the
water tank, while there is considerable energy wasted during the air heating process for an air-to-air CO;
system. Also, as mentioned in the validation part, the current control of the three-way valve led to an
abnormal system operation, due to a slow response in valve positioning. Therefore, the heating COP can
be further improved once the control of the three-way valve has been optimised.
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7. Conclusion

The transcritical CO2 heat pump system which is capable of providing simultaneous space heating and
cooling has been introduced. The following conclusions can be drawn from the study:

e A detailed configuration of a CO, heat pump system with parallel compression is described in this
study. The complete system layout, comprising of cooling, heating and shared circuits, has been
revealed for the first time.

¢ A mathematical model with a highly efficient Bitzer compressor has been developed. In the
compressor model, new correlations for the volumetric efficiency and isentropic efficiency with
the function of compression ratio have been developed. The experimental data recorded from an
entire heating period has been utilised for validation and analysis. Through comparison, the
compressor power consumption with VSD and FSD has been validated against the experimental
data and the simulated errors for both compressors were found to be within £ 10 %. The discharge
temperatures have also been validated against the actual coil inlet temperatures with acceptable
agreements.

e The heat capacity can only be verified when the system is at full capacity and full load, as the three-
way valve takes time to move in position during partial load. The delayed response to the variation
of the heat load resulted in an abnormal heating process and led to a significant error in the model,
while the factor of delay-time is not accounted in the simulation.

e The real system performance from September to November has been evaluated based on the
heating and cooling loads, as well as heating, cooling and combined COPs. The daily combined
COPs range from 2.64 to 3.85 and the average COP is around 3.27. It was calculated that the COP
of heating only mode is around 1.99, while the COP of cooling only mode is 3.31. The system
COP is relatively stable at around 3 regardless of the weather conditions, which can be used to
demonstrate the advantages of the simultaneous heating and cooling systems.

In future work, a detailed optimisation study on the three-way valve for improving the heating

performance of the current system will be conducted. The optimisation study aims to experimentally
demonstrate this COP increase.
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